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1. KINETICS AND DYNAMIC OF MARINE ENGINES

Piston internal combustion marine engines have a particular feature consisting
in the transformation of the alternative translation motion of the piston, under the gas
pressure generated by the burning process of fuel in the cylinders, in crank shaft a
motion, through the mean of the crank gear.

In the following pages piston internal combustion engines dynamics general
aspects will be presented. This category of engines includes the marine engines which
will be analyzed in a modern analytical fashion this way offering the possibility of
realizing fast connections between the present chapter and the next ones which are
being devoted to an detailed analysis of the dynamic behavior of marine propulsion

engines.

1.1 Kinetics of the engine drive
The necessity in studying the kinetics of the engine gear is being imposed by
the necessity of knowing the forces and the stresses generated by them by calculating
functions defining the displacement, the speed and the acceleration of main

components that complete de engine gear.

1.1.1. Kinetics of normal engine gear

The normal engine gear is presented in the 1.1 diagram. Its main components
are the crank with a R length, which has a rotation speed with an angular speed o,
having a constant value, the reciprocating rod with a L length, being articulated with
the crank in a M defined point and having a plane-parallel motion; the piston is being
articulated on the reciprocating rod by a bolt or a crosshead (this being a solution used
for two stroke marine engines) having and alternative translation motion along the
piston in the P point.
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For the kinetic analysis of the normal engine gear as a general coordinate the
rotation crank angle 6 is being chosen, thus the mechanism position will be
completely defined by two variable values: f — the reciprocating rod leaning angle and
the y-coordinate. In this manner, from the theory of mechanism [2] and [9] the
following formulas can be applied:

{B = arcsin(\.sin 0)
y = Rcos0 + Lcosf

Were the A ratio has been inserted also known as the elongation of the
reciprocating rod (gear compactness coefficient) being calculated with the following
formula:

A=R/L

SN NN N

x|

Figure 1.1: The normal engine gear diagram

Using those two formulas we can define the following coefficients:
12



_dy

c, =—==-Yyt

Wp de ygB

c :%:}\.ﬁ

*do cosf
dc,

C = L

* o do
=-Rcosp—c’ Lcosp— (1.3)
—c, Lsinf
dc,

C p—t p—

T do
:—kﬂ+c§tgzﬁ

cosf ’

The coefficients above are known as:

W, — the piston speed coefficient;

ax» — reciprocating rod angular speed coefficient;

ep— reciprocating rod angular acceleration coefficient.

It should be noted that the £ and y variables, as well as their derivatives are
generalized coordinate functions @, thus their values vary with the rotation movement

of the reciprocating rod.

Depending on the previous defined coefficients we can calculate the kinematic
values for the normal engine gear, in classical formulation [5], [11], [12]. [14], [17] as

in (1.4) formulas.

It can be noticed that the piston motion is being noted as yp, usual registered in
p.m.i (lower dead center). Unlike the previous formulations the explicit dependency
on the generalized coordinate is being highlighted by using coefficients defined by the

(1.3) formulas.
13



Figure 1.2: The calculus diagram for the normal gear kinetic dimensions

yp=R+L—y
dy
w, = E= V= —¥V= Bcwp
dw d?y
_ P _ _
ap_ dr FEa BCWP Cap (14)

Continuing, the reciprocating rod motion will be described, having a mass
center, Gp, pointed out at a distance Lm and L, faced with the crank articulation points,
as well as with the piston (as pointed out in the 1.1 figure). The gravity center position

for the reciprocating rod will be calculated using the following formula:

14



X, =Rsin0-L sinf
(1.5)

Y., =RcosO+L cosp

The second formula can also be rewritten from a p.m.i perspective as:

y,=R+L-vy,_ (1.6)

Derivatives depending on the & general coordinate of these coordinates are
depending on the following coefficients as:

dx,
c, =——=RcosO-c, L cosf
" do '
dy, : :
c, = e“ =—Rsin6-c_ L sinf
dc, _ (1.7)
c, = dg =-Rcos6-c, L cosp+c’ L, sinp
dc,
c, = dey =RcosO-c L, sinf-c’ L sinf

Using these formulas the values of the components described in the 1.1 figure

for reciprocating rod speed and angular acceleration can be calculated with:

wbx = chbx

Qgpe = B0+ 0Cop (1.8)

Agpy = 9C1by+ chby

Using the calculation scheme form the 1.2 figure usual formulas can be
generated for kinematic dimensions of normal gear, taking into account the possibility
of offsetting the gear, E, depending which a second coefficient can be defined along
with /, used in order to define the characteristics of this gear:

15



e=E/R (1.9)
and the above coefficient is called relative offsetting (eccentricity).
By analyzing the first relation from the (1.4) set, the exact formula for the

offset normal gear piston will be obtained as:

y, =V,(0)= R{ (1+%)2 —e’ —[cose+%\/l—7f(sine$e)z}} (1.10)

In the above formula the + symbol stands for direct offsetting, while — stands
for the reverse offsetting, since the cylinder axis beside the rotation axis of the crank

shaft has the rotation direction of the cylinder or a reverse direction. The formula
(1.10) can be developed in a Fourier series, such as:

y = R[ao + (a, coske +b, sin ke)} (1.11)

This is a periodic function with a 2z period, continuous and odd, that is why

the developing coefficients are as:
a = if v (6)d6 =
° mR3 "

=, —cj J1-2(sin 6 F e)’do

a = ij y,(0) coskodo =
TCR 0
(1.12)

= cj J1-2(sin 8F e)* coskodo

2 )
b =— 0) sin k6do =
‘ nR‘!yp( )

=c, —c;j J1-%(sin 6 T e)* sin kodo

Were ¢, ¢1, C3, C3 are coefficients that can be easily calculated; in exchange,

the above integral equations are elliptical, but they are not complete elliptical
16



equations, being complex to develop if using the radicals from the (1.10) formula in
exponential series.
It can be demonstrated from [4] and [17] that in these conditions the exact

formula for normal piston displacement is as it follows:

y, =R (l+%j —e’ —cose—i(—l)kclkk"1{%Cj§e“[ﬁx

Xi(_l)i C, " cos2i0+ Cli ]_Zklczzkiflezjfl y

2k-2j 22k72j 2k-2j
j=1

k—j+1

x D (-1)"Cy ) sin(2i ~1)6fy

(1.13)

using the known notation for combinations. Further on will analyze the normal
axial gear, one the most common for marine engines, in the above formulas, keeping
in mind the particularity e = 0 (corresponding with E = 0). In this case, the analytical
formulas of kinematic dimensions for the normal axial gear are given in the 1.1 table.
It can be noticed that, for the piston displacement only first order and odd harmonics

occur in the developing process of this dimension.

The harmonic coefficients for the piston displacement can be expressed as:

5. 125 .

b+ 2+ +K
B4 2186 16384

a =-1
11 15 35 :
a =— —h+—h +—1 - +K |
17716 Ts127 2048 -
@ = tnt S w2 N4k
16 216 4096
a=d 1 i 3 ik
\512 2048 -
a = > o+ E
16384

(1.14)
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Practical speaking only first and second order harmonics are worthy and by
overlapping them we can obtain the simplified values from 1.1 table were the values
for the general coordinate & have been presented for which the respective kinematic

dimensions are 0, just as the ones for which these have extreme values.

Figures 1.3 to 1.5 present the variation waves for displacement values, speed

and acceleration for the axial normal gear piston for the marine engine.

|
S=2R &
/; N
R+ RA Y/ \\
2 i
R
\
/
/ ‘\ Xp
/ yp
B..A_ o f) | 2 \
2 i’*{', L‘(\“ ,"'_T.\‘~:\
0 n/2 T 3n/2 2rn g

Figure 1.3: The piston displacement variation depending on the crank

angle
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Figure 1.4: The variation of piston speed depending on the crank angle
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Figure 1.5: The variation of piston acceleration depending on the crank
angle
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1.1.2. Kinetics of the gear with main reciprocating rod and secondary reciprocating

rods

The mechanism is specific for engines having at least two shaft lines and a
single crank shaft, as well as engine with de star shape cylinder deployment. In the
same time, the gear can be used for V shaped cylinder configuration when it has
ascertained that the reciprocating rods side articulation mounted on the same twist can
lead to higher lengths and a bigger dimension of the main engine. In the following part
only the kinetics of the piston with a secondary reciprocating rod will be discussed,
because the main reciprocating rod is a part of a normal mechanism. The gear with
main reciprocating rod and secondary reciprocating rods are being described in the 1.6
figure. The main notations used are:

y — the angle between the axis of the main cylinder and the one of the
secondary cylinder (the first vertical position has been presented, in the y position in
order to make the symmetric multiplying process much easier for a W or star shaped
mechanism);

y1 — the super positioning angle for the secondary reciprocating rod;

61 — the crank rotation angle on the axis of the secondary cylinder;

1 — the leaning angle of the secondary reciprocating rod,;

r — the distance from the crankshaft crankpin axis of to the secondary
reciprocating rod,

| — secondary reciprocating rod length;

yp — articulated piston displacement with the secondary reciprocating rod

facing the lower dead center point Pi1 on the secondary cylinder axis.

21



Table 1.1. Analytical formulas of kinematic dimensions of the normal axial engine gear

Component | Dimensions Exact formula Simplified formula o for O Extreme values
values
Crank Displacement 0=owrt - - -
Speed 0 - - -
® = — = const - - -
. dt
Acceleration )
a, = —Rw
Piston . Yp = R[(l—cose)+£(l—cosze)} Ypmax = yp(n) =S =2R
Displacement > 4 02
Yo =Rl a +a1+2a2kc052k6 Yp, = R(1—cos6)
k=1
A
Ypy = Rz(l—cosze)
Speed @ Womax = Wp(ewpmaxj
pee W, =-Ro alsine+Z(2k)a2ksin2k9 0,m,2m W, :Wp(ew ' j: “w,
k-t w, = Rm(sin6+£sin 26) h o ﬁmax
P 2 0, —arccos[w]
Pmax 4\
Wy, = Rwsin® _
A | fi 2 Wpmin Wpmax
cceleration x — R X i o (o 2
ap-—Rm{aposeJrZ(Zk)zaZk cosze} Wpp = Ro 2 sin20 By =2p(0)=8p(27)=R0*(1+2)
et =a_(7)=—-Rw?*(1- 1
meaX y pmln p( ) ( )
WPmin Epeuy, = ap(eavexxr ( )

a, = Ro’(cos0+A cos 20)

J-e
o, 20}

22




b2
ap = Rw* cosO

ap, = Ro? cos20

) =2n-6
8 Pextry 8pextry

Reciprocating rod

Displacement

Speed

Acceleration

B = arcsin(Asino)

coso

op = Ao
1-22sin%0

sb:—km%l—% sinf

@—ﬁgﬁqw

0,m,27

N a
|\>|g,°

0,mt,2m

) T 31
Bextr = tarcsin ) el3e><tr = E’?
Opoyy = +Ao , Obextr =0,%,27

Ao’ 3r

T
Sbextr—_—'—l 7\‘2 , esbextr = 2: 2
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Figure 1.6: Calculus kinematic diagram for the gear with main reciprocating rod and secondary reciprocating rods
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Piston internal combustion marine engines have a particular feature consisting
in the transformation of the alternative translation motion of the piston, under the gas
pressure generated by the burning process of fuel in the cylinders, in crank shaft a
motion, through the mean of the crank gear.

If the main reciprocating rod is part of a normal type gear (reciprocating rod —
crank) that has known kinematic characteristics, as mentioned in the previous
subchapter, then the secondary reciprocating rod acts on the crank through the main
reciprocating rod being part of a gear which differs from a kinematic point of view,
having in mind the normal motion laws. Thus the calculus algorithm for this
mechanism with a main reciprocating rod and a secondary reciprocating rod starts
proceeds with mentioning the value of coefficient y1 (as mentioned in the 1.1.1

subchapter):
OP =y, =RcosO, +rcos(p—o)+1cosp, (1.15)

For which:

=y, -y (1.16)

The value for g is being given form the first set of equations (1.1), and the
leaning angle of the secondary reciprocating rod p1, according with [17], is being
given by the following formula:

A:HIE—?LIECOS}/COSWJ +(k|£sinyscoswj} (1.18a)

xlcosw:osw
u = arctg R | . (1.18b)

T—XI—COSycosw

X = —%sin ycosp  (1.18c)

25



In the (1.16) formula the following substitution are successively made: 61 = 0
and 01 = n. For these values the values for OPi; and OP;i. (the distances from the
center of the rotation axis to the inner dead center and the distance to the outer dead

center) can be calculated.

By particularizing the angles that are specified in the (1.15) formula, f = o
and B1 = Pio for the first case and B = Po and B1 = P10 for the second case, as well as
developing the trigonometrical series functions from the above mentioned formulas
[4], [5], we can obtain the values for the following distances:

OP =R+ r(l—%zjcosw +Arsinysiny +

2

r r: .
+ A —cosycos2y +1 ———sin? vy —
4 \ Y ol 4

2

r r: .
+ A2 —cosycos2y+ | ———sin?y —
4 v Y ol v

2 2

-\ %sinz ycoqumk%sin ysin 2y —

—k3%sin3ysin 2y
22 (1.19)
OP =-R+ r(l—jjcosw —Arsinysiny +

€

2

r r: .
+ A —coswycos2y+ | ——sin® v —
4 v Y ol \

r: . r: . .
—A*—sin?ycos2y — A —sinysin 2
ol Y Y ol Y v

In this manner we can express the analytical formulas for the engine gear that
has a main reciprocating rod and secondary reciprocating rods, in which harmonic of
any order can be found generated by de cosine and sine functions as well:
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y, =OP, -OP =

= R[a0 + (a, coske, +b, sin ko, )

, (1.20)
w_=—Ro) k(a, sinkf, +b, sinko,)

a, =—Rw*Y Kk*(a, sinke, —b, sink,)

Thus, if for the normal mechanism piston the expression from the 1.1 table is
being maintained, for the displacement of the secondary gear a more complex
formula will be obtained which is in fact specific for a offset normal gear [17].

The harmonic coefficients for the secondary gear piston displacement

expressed in a useful manner for a practical calculus will be:

2

a, :%(R +Arsinysiny + A’ %coswc052y—7€ %sinz Y COS2y +

2 2 2

r: . . r: . ) A’ r?
+ A —sinysin 2y — A° —sin® ysin 2y + - —
oy SINYSIN 2y = A" rsintysin 2y + == =470

2

a, = % [-R — Arsin ysiny — Ar(l— %)sin ysinp -2’ %Sin W sin(2y + )]

1 r A?l r?
a =—| A —cosycos2y — cos2u + A* —co0s2
) R{ 4 N4 Y 4 M a1 Y}

3

rA . .
a. =X —sinysin(2y —u),---
gr SNV (2y —)

(1.21)

2

b = %{— Arsinycosy + Ar(l— %)sin Y cosp —Af %‘sin Wy CoS(2y + )

1

2

Al . r: .
sin2u —A* —sin 2
IR T Yj

2

1 r .
b, =—| A" —cosysin 2y —
R( 1 b4 Y
rA .
b, =A* —siny cos(2y — p),---
=M gRSnY 2y —n)
As it was highlighted in [5] when projecting a gear with main and secondary

reciprocating rods it is mandatory that the similarity condition to be maintained for the
27



compression ratio e1 from the secondary cylinder related with the compression ratio
form the main cylinder ¢, especially when the dimensions of these cylinders and
pistons are identical. First of all the value of Si, secondary piston stroke, is being
calculated, as well as Sci, the height of the combustion chamber from the secondary

cylinder (which is considered as being included in the cylinder head):

S,=OP —OP =S +A
' (1.22)
S, =S, +(0OP-0P)=5 +A

1

In the above formulas A and A; are calculated with:

2 2

A = 2X\rsin ysin w+x|r7sin ysin 2\4/—7&%sin3ysin 2y
A . ,
A=L-r 1_Z CoOSy —Arsinysiny — X Zcoswc052y—l+

r: . r: . r: . . r: . )
+—sin*y+ A —sin?ycos2y —A —sin® ysin 2y + X’ —sin® ysin 2
TR TRl e TRl A TRl i

(1.23)

The similarity condition for the compression ratio for the two cylinders thus

becomes:

e-1l=—  (L24
L~ 129

from which, under the condition:
L=1+r (1.25)

mandatory for V and W engine configuration, the trigonometrical equation
will be generated:

asiny +bcosy +csin 2y +d cos2y +e =0 (1.26)

28



where the coefficients are given by the formulas:

a=M\e+1)siny

b=(.*~:—1)(l—%sin2 y]

r A
c=A—I(e+1)1-—sin?
ke )( 2 yj

d :%(8—1)(1—% sin’y)  (1.27)

e=—(s—1)(1+ﬂ

with the following notation:

X = tg% (1.28)

The equation (1.26) becomes an equation in x constant:

(b+3d -e)x* —2(a—-2c)x*+2(d —e)x* —2(a+2c)x—(b+d +e) =0 (1.29)

that has a solution which subsequently leads to the values of the y angle, thus

y1, more specific the angle at which the secondary reciprocating rod has to be fixed in

order to ensure an equality between compression ratios; from these solutions the one

that satisfies the condition y = 5 + 10°,

For star shape configuration cylinder engines the basic condition is ¢ = 0 in the

(1.22) and (1.23) equations and this results in:

L=Il+r +7€|£(1+|£jsin2y (2.30)

Finally, keeping in mind the mass features, generally the radius r sets the value

for the length of the secondary reciprocating rod. The logical diagram of the calculus
logarithm is being presented in the 1.7 figure. It can be noticed that the mechanism for

the engines with a V configuration and neighboring reciprocating rods has an identical

29



kinematic feature for the secondary gear similar with the main gear, this being a

practical solution for the engines used in the marine domain.

1.1.3. The kinematics of engine gears with opposite displayed pistons

The engines with opposite displayed pistons represent a special category which
has not yet been studied in the technical literature [18] and can be found in many slow
marine engines. The kinematic diagram for the engine gear with opposite pistons
includes two gears with two different gears but each one of them acts on one crank
shaft in the case of engines with two different crank shafts (as shown in the 1.8 figure)
or both of them acting on the same crank shaft (as shown in the 1.9 figure).

In order to obtain an even distribution of gases one of the cranks has to be
fitted offset facing the second one at a ¢ angle comparing with the positions at 0° and
180°; thus the piston covers the evacuation chambers and is in advance, while the
piston that closes the evacuation chambers is being delayed. The optimal scavenging
value for the advance angle ¢ is usually in the 10 — 15° RAC clearance.

For engines with opposite pistons included in the first category, for a crank
angle 6. corresponding with an advance piston depending on the delaying gear, the

following formula will be applied:

0,=0,+¢ (L31)

thus ¢ defines the crank position in advance towards the dead center of the
most close moment in which the delayed piston is in p.m.i. The most important part is
the calculus for the variable distance y between the two pistons.

Keeping in mind that the two values are identical the chosen calculus
hypothesis states the fact the two pistons have a flat head and it can be noticed that the
distance y is the one between the articulations between pistons and reciprocating rods,
this hypothesis stands at the base of the calculation method of kinematic dimensions
of normal gear with a single piston. Thus for the distances y between Py and P2 the
following formula will result:
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Y=Y, +Y,*tY (1.32)
, |
v (1.1¢) ang by
G bk
l k=1=3
(1.21
B.=6-v 80,1 )
B.=m |_r_! 8.=
OPa1 OFi1 B=p (6.)
(l.lp) (1.,19) (l.%}
+ A
no(1.18)
B (1.17) &
é S1, S OP1 (115:1
b 1.22
= { 3 )
o 4 Eqution
i g * solution
(11. x (1.29)
27T)

v (1.28)

‘-I

1 (1.30)

P

¥p1

WP:L

el

(1.20)

Ititial data:

R Lr 1 7.8
Bo-By.Br-Bi

STOP

|

Figure 1.7: Logical diagram for the kinematic model of the gear fitted with main

reciprocating rod and secondary reciprocating rods
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C

Figure 1.8: Kinematic calculus diagram for engines fitted with opposite pistons

and two crank shafts

In the above figure yp1 and yp2 are the displacements for the two pistons facing
the corresponding inner dead centers and they can be calculated by applying the
formulas presented in the 1.1 table, while yo is the distance between the fixed positions
of those two inner dead center points which are in fact the height of the combustion
space, except two situations.

Thus the following formula will be obtained:

y= Rl[a0 +Y (a, cosk, +h, sin kal)} (1.33)

For the practical case of limiting the first two harmonic coefficients the
following formulas will be obtained:
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a, =1+k, +%(1+ kek, )+ 22

Rl
a, = (+kycos )
b, = kgsin
a, = %(1+ kqk, cos2 ) (1.34)
A _
b, = Zksz sin 2
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Figure 1.9: Kinematic calculus diagram for engines fitted with opposite pistons

and one crank shaft

In which the ratios between radius and elongations of the two reciprocating

rods have been inserted in the general hypothesis of some gears with generic different

dimensions:
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kR = RZ/Rl
{kx = 7L2/7‘1 (135)

With these harmonic coefficients the so-called overall piston displacement, y,

can be rewritten as:

y= Rlao +.Ja’ +b7sin(0, +p,)++/a’ +b7 sin(20, +p,) | (1.36)

But this formula is identical with the formula for the displacement of a
fictional similar gear, normally offset, with the radius and crank angle Ry and 6, with
an angular speed noted with my, this being a gear that has an piston speed and a piston
acceleration equal with:

{w— Rlcol[,/af +b? sin(0, +p, )+ 2,/a® +b? sin(26, +M2)]

1.37
a=—Ro?[/a’ +b? sin(6, +p )+ 4 aj+bjsin(291+u2)] (430

In the formulas above the initial stages have been inserted as:

k. sin
n, = arctan—=>— >
1+k, cosp
_ (1.38)
k,sin 2¢
u, = arctan—-——
1+k, cos2¢

The extreme values from the (1.36) formula are of most interest and they can
be obtained by canceling the derivative of these formula which leads to an algebraic

four degree equation in the following unknown:

X = tg% (2.39)

and has the same type as the (1.29) equation, such as:

mx* +nx’ + px*+gx+r =0 (1.40)
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with the following coefficients:

m=¢ (1+6¢,)
n=2¢,(1-4¢,)

p=4C, (1.41)
q=2¢,(1+45,)
r=-¢(1+2¢)

for which:

C =Rya +b cosp,; ¢, = R/a +b sinp,

=R./a +b’ cosy, (1.42)
a, +b; cosp, a +b’ sinp,
& 2 ’E-’Z = 2 2 i
a1+b CoS L, a +b’ sinp,

For the potential four solutions of the (1.40) equation the maximum value are

being obtained for the value in the (1.36) equation, Ymax 1,2, as well as the minimum
ones Ymin 12. These values can be also deducted from the kinematic analysis of the
gears presented in the 1.8 and 1.9 figures and have approximate values sufficient for a

practical calculus as stated in [4] and [5]:

Yow, = 2R +2R, +vy, — Y.,

Yoo, =2R, +2R, +y, -V,
" (1.43)
ymml - yo + yiz
Yo, = Yo T Y,
for the first type of gear;
o, = 2R +2R, +Y, -y,
©(1.44)

ming = yO + yez
mingy = yo + yil
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for the second type of gear;

where ya and ye are notations for the heights of admission and evacuation
chambers.

Identical consideration can be taken into account for the engines with opposite
pistons included in the secondary category, with a single crank case. From the kinetic
analysis from the 1.9 figure the following equations are resulting:

0,=0,+n+¢ (1.45)
as well as:

Y=Y, =Y, *+Y, + 2R, (1.46)

These formulas are analogue for the (1.31) and (1.32) equations. The
displacement expressed by the (1.33) formula will have a similar expression as the one

in the (1.36) formula with the following coefficients:

a =1+3k, +£(1— kRkk)+£
4 R

a =—(1-k, cosp)
b =k, sin¢e (1.47)

a =— % (1+k k cos20)

2

A )
b =——"kk sin2
4 o

with the following values for the auxiliary angles:

u, = —arctan NG
1-k, coso
KK sin2 (1.48)
In
n, = arctanu

1+Kk.k cos2¢
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For the compression ratios formulas analogue with the ones included in the
(1.45) are being deducted.

A particular case in the study of kinetic study of opposite pistons engines is
being represented by the lack of angular offset (¢ = 0) and this is a situation in which
the by and b coefficients are being canceled, and the displacement of pistons is being
expressed by the (1.36) formula, becoming analogue with the one with a normal axis

gear.

In the 1.10 figure the general aspect of piston displacement overall variation is

being described as in (1.36) keeping in mind the quality of extreme points.

The 1.11 figure is a representation of a DOXFORD 58JS3 marine engine gear
with three in-line cylinders, a two stroke functioning cycle, as well as opposite pistons
that are driving a single crank shaft, this representing the variation of dynamic

dimensions for similar gears.

The main engine noted has the following technical data:

Rotation speed: n = 222 rpm;

- Piston diameters: D = 580 mm;

- Crank radius for the gear driving the first piston: Ry = 440 mm;

- Crank radius for the gear driving the second piston: R> = 170 mm;
- The reciprocating rod length at the first piston: L1 = 1520 mm;

- The reciprocating rod length at the second piston: L, = 1100 mm,;
- Angular offset: ¢ = 0;

- The minimum distance between pistons: yo = 34 mm;

- The height of scavenging (admission) chambers: ya = 124 mm;

- The height of evacuation chambers: y, = 102 mm;
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Figure 1.10: The piston overall displacement variation
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Figure 1.11: The gear diagram for the DOXFORD 58JS3 marine engine and
kinematic dimensions for it
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1.2 Engine gear dynamics

Following the kinematic analysis of the engine gear the speeds, displacements
and accelerations for their components have successively resulted. These values allow

the analysis and the calculation for forces and moments that drive these components.

1.2.1. The dynamic model of the engine gear
In order to establish the forces and momentum that drive in the elements and
the couples of engine gears we have to adopt a suitable dynamic model for it as it is

suggested in the 1.12 figure.

R RAS
Ma
P Xp
p
A
my Xb
)
X \g
cg ” M Xm
") X
g B
ch

Figure 1.12: Dynamic model for the engine gear
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The model is being based on the meshing of included elements in the engine
gear and mass concentration of these ones in characteristic points. Thus m, stands for
the sum of masses with an alternative motion, while m, stand for the sum of masses
with a rotation motion and mey stands for the sum of masses for the counterweights
fitted at a ¢cg angle facing the corner axis (figure 1.13). the values for these

concentrated masses are expressed using the formula:

m, =m, +m,_ (1.50)

VA%
YA
i o

1/ \ ci.?[
\Y

P

\p 2,
Cg lpcg M ‘.‘/ Q’
g

Figure 1.13: The elbow of the crank shaft fitted with counterweights

All this weight is being concentrated in the articulation of the piston fitted with
a nut (or in the draw bar of the piston fitted with the nut of the crosshead gear in the
case of marine two stroke slow engines), in which mp is the mass of the piston group
that includes the mass of the piston, the mass of piston rings and the mass of the piston
nut in the case of four stroke engines, while in the case of two stroke marine engine
adds the mass of the crosshead system and piston draw bar, while the mpa is the mass
of the reciprocating rod facing the piston which has an alternative motion.

The value of my is given by the formula:
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m =m_+2m/ +m_ (1.51)

where mp is the crank mass, while my,- mass of the bracket facing the crankpin

given by the following formula:

m! V pb (l 52)

bm

my is the effective mas for the bracket and py is the ordinate corresponding the
weight center of the bracket, while my is the reciprocating rod mass facing the
crankpin which has a rotation motion as well as the crankpin. In order to mash the
reciprocating rod in those two concentrated masses in P and M points the following

formulas have been applied:

Lm
m, = L m
1.53
boasy
m, =—m,
L

The above formulas are deducted from the conditions of dynamic equivalence
[4], [11], [14] and [17] applied for a real reciprocating rod that has a mp and the
meshed in two masses, the distances L and L, are extracted from the 1.1 figure. In the
case of the gear fitted with main reciprocating rod and secondary reciprocating rods
these masses are reduced and can be calculated by applying the formulas [4]:

—nm, " | rcos[(L 1y,]

—rcos|(i—1)y,]

L

m

ba

(1.54)

m, =m LT g(n D

where mp1, lp and In are dimensions corresponding with the secondary
reciprocating rods (as shown in the 1.6 figure).
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According with the 1.12 figure in the dynamic model proposed we are going to
use the following reference systems: Oxyz — the reference Cartesian coordinate system
which is straight and fixed, associated with the still positions of the engine; PXpYypzp -
the Cartesian reference system, straight, mobile, associated with the piston (or
crosshead system for slow marine engines); Mxoyszy - the Cartesian reference system,
straight, mobile associated with the crank; McgXcgyegZeg - the Cartesian reference
system, straight, mobile associated with the counterweights.

Keeping in mind the previous observations it has to be mentioned that the
forces and moments driving with the engine drive, as well as the specification that the
following vectors have been introduced 1, J, k corresponding with the axes Ox, Oy and
Oz:

- Inertia force of masses with a rotation motion:

Fr=—ma, (155

with an being the normal acceleration of the drive (as shown in the 1.1 table):

- _ 2;
a, = Rw™j,, (1.56)

while the angular speed can also be written as a vectorial formula:
w = wk (1.57)

- Inertia force for counterweights:

Frcg = - mcgancg (158)

where the normal acceleration of the counterweights is given by the formula:

2
Oneg = = Peg® Jeg (1.59)

- Inertia force of masses in an alternative motion:
F, = —mga, (1.60)
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with:

ay= = Dy (161)

in which the piston acceleration noted with ap, is being given by the third
formula from the (1.4) or in harmonic components, as noted in the 1.1 table.
- Inertia correcting moment [11], [14], [17]:
AMpe = (ip — ife)mper = Apapep (1.62)

where iy is the reciprocating rod gyration radius, ie is the gyration radius for a
two equivalent mass system calculated facing the reciprocating rod mass center Gy (as
shown in the 1.1 figure), AJbch i the angular correction for the reciprocating rod
inertia moment facing the same point; thus the angular acceleration of the
reciprocating rod has the formula given in the (1.4) equations, or the following

vectorial formula:

€= &k, (163)

- Mass for components in rotational motion:

Gr = (m, + mey)g (1.64)

- Mass for components in translation motion:
G, =mgyg (1.65)

- Gas pressure force acting on the piston head:

—Fy=—Fap (1.66)

Gas pressure force will be calculated by applying the following formula:

nD? niD?
= 1.67
) =P (1.67)

F =(p-p..
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Gas pressure inside the cylinder is variable as a function the rotation angle p =
p(0) (as in [3], chapter [5]) and pcart as the counter-pressure coming from the engine

case.

- Gas pressure that acts on the piston head:

. D? .
E, = Ej, = pg nij (1.68)

- Total force acting on the P articulation:

2

D .
F=-F+ F+ G, =F = (—pg”T— mea, — mag)]p (1.69)

- The components of F on the axis:

F=N+B=Ni+Bjp (1.70)

with the following values:

N = F tanf
1.71
g__F @7
cosp

- Reaction force inside the stay of the reciprocating rod:

Fj . .
Rlpb =B — (Fpq + Gpg) = cosbﬁ - (_ MpaAp — mbag)] = Rlpbxblb +

Ripbybjb = Rippxpl + Rippyp]  (1.72)

where the following vectorial relations have been used:

Jj = ipsinf + jpcosf
jp =—1isinf + jcosp (1.73)

in the above formulas the Oxyz components are:
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R :(pg TEEl) +mbaap+mbagjtanB

nD?
4

(1.74)

_mbaap - mbag

from which the geometrical place for the Ripn peak vector describes a curve
called the polar diagram for the liner included in the reciprocating rod bracket,
expressed in polar coordinates through the module and angular pole:
Rlp., = /prbx + prby

R, (1.75)
¢, =arctan—=
e R

by

In an analog manner the components facing the Mxpybz) are expressed by:

R_—=m.a sinB+m_gsinp
R_=B+m_a cosB+m,gcosf

(1.76)

with the possibility of drawing the polar diagram depending on the entire
system.

- Crankpin force:
R,

m

R Imaem

=B+ Fbr + Gbr = ij + merwzjm - mbrgj = Rmxbib + Rmybjb =
jm = Tim + ij
2.77)

In the above formula we can apply the following correlation:
Jp = —Iimsin(@ + B) + j,cos(6 + B)
j= —i,cos0 + j, sin@ (1.78)
Jm = ipsin(@ + L) + j,cos(6 + B)
j=1psinf + j,cosp)
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The values for the components facing the axis are:

R, =T,=-F Merbag sin 6
" cos6
cos(6+B)

cos0

(1.79)

R, =Z,=F +m, Re*—m, g coso

Further one the module and the polar angle can be determined:

R, =,R. +R:

R (1.80)
o, =arctan RM

Imy

In the reference system attached to the reciprocating rod the coordinated will
be:

R, =m,Ro’sin(0+p)-m, gsinp
: (1.81)

R, =B+m,Ro’ cos(6+B)-m,gcosp

- The force acting on the crank in the M point is:
Ry = Ryn + B + Gy = Tyl + mygsinBiy, + Zyjm — my,gcostj,, +
MmRw?jy, = Tigm + Zjy (1.82)

Where Fmr and Gn are inertia forces and gravity forces acting on the crank.
The components are:

nD’ sin(0+B) : : -
T=|p, +ma +mg |———=+mgsin6+m_gsine_ +m_p o sing_
4 cosp

cos(6 +B)
cosp

TCD2 2 H 2
Z= —( P, 2 +ma + magj +MRw’ —-mgsinb+m_p o cose, —

—m_gcose,

(1.83)
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The above formula is being used to demonstrate the polar configuration for the
crankpin.
- The force acting in the thrust bearing:
Rip = Ripxi+ Ripyj = Ripxim + Ripyjm (1.84)

having:

D? : :
Ripy =(pg TCT+maap +magjth+eroo2 SiNO+mgp ., 0° sm(e+(pcg)
nD?

4

2 2
-m,a, +m Ro” cosb6+mp,® cos(e+(pCg )—(ma +Mm, +mg, )g

(1.85)

Ipy :_pg

resulting that:

I:QI
R, = /prx +R; 19, =arctan pr (1.86)

Tox

and these formulas sit at the base of the polar configuration of the thrust

bearing.
- The active motor moment is being defined by the formula:
M = Mk = TRk (1.87)
- On the fixed parts of the engine the following forces will act:
o The overturning engine moment (roll)
Mras = Mrask (1.88)
in which:

M, = —( P, ™, m.a + magJR sin(0+p) (1.89)
4 cosf
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- The pressure force of gasses acting on the piston head:
Fp = Fpj (1.90)
with:

/ D?
Fp = pg=—— (191)

- The vertical force acting on the crankpin:

DZ
N :—(pg n4 +maapj+erm2 cosO+m_p_ o’ COS(9+(pog)—

(1.92)
—(ma +m +m_ )g +m Ro’ cosO+m_p o cos(e+(pcg)

- The vertical force acting on the engine support:

R, =F, +R, (193

posty

- The normal components acting on the cylinder fender (or the crosshead
slider, for the two stroke engine):

N =—[ P, ni) +ma, + magjtan[& (1.94)

- The horizontal component acting on the crankpin:

z[pg nlj +m.a, + magjth +m Ro’sin6+m_p o’ sin(e + (Pq,)
(1.95)

- The horizontal component acting on the engine support:

R

=N +R, =mRo’sinB+mp, o’ sin (6 + Py ) (1.96)

posty

It has to mentioned the forces and moments previously define are, in fact,

periodical functions with general coordinates that can be developed in Fourier series

(as in presented in 12.2.3 and 12.2.24 paragraphs).
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Thus, the gas pressure from the cylinder hast the following series development

depending on the 0 coordinate:

p=p(0)=p+>(a, coskd+b sinke)=p+> p,coskb—p ) (1.97)

for the above series the medium value is:

p=1(ploko (199

while the harmonic coefficients apk and by, the amplitudes px and the initial

phases ¢p are given by the following formulas:

2
== [ p(6)coskode
a, T ! p(6)cos
2 .
b, == [ p(6)sin kodo
T o (1.99)

_ [a2 2
pk - aPk +bpk

¢, =arctan—-
* a

Pk

In these relations T represents the periodical for the motor time:
Tc =t = 2 — for two stroke engines

Tc =t = 4x — for four stroke engines (2.100)

Thus, by developing all the other forces in series (the ones in 1.97) developed
in the engine gear will can be developed in a similar Fourier series.

In the previous considerations the real couples haven’t been taken into
account, but inside of them friction forces can appear and clearances exist and all of
them lead to the so-called cylinder run-out and this is generated by the run-out
between the couple cylinder-piston, as well as the changes in the reactions occurring
in bearings, due to changes in value for the N force, as well as the modification of al
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chain reactions in bearings and the lubricating mode for these parts. In other words,
for a two stroke engine the force acting in the engine gear diagram is being presented,
as well as the diagram of forces that are acting on fixed parts of the engine, as shown
in the 1.14 figure.

Table 1.2 the list of forces and moments acting on the components of the
engine gear are being presented for the normal axis case of marine engines, these
being very useful in a practical calculation based on the general formulas previously

presented.

Further on the 1.15 figure represents the variations of these forces depending
on the reciprocating rod angle, while the 1.16 figure contains the polar diagrams for
the crankpins and thrust bearings for a 5SK90MC type of marine engine with an overall
power equal to 22850 kW and a nominal rotational speed equal to 94 rpm
manufactured by the MAN B&W company.

This first chapter is being concluded with a specific observation consisting in
the fact that the gear containing a main reciprocating rod and secondary reciprocating
rods have tangential forces and total radial forces T: and Z: that are being obtained by
adding up corresponding forces for the two gears, the main and secondary ones
keeping in mind the angular off-set y and the mass mpr from the 1.54 set of formulas.

52



Figure 1.14: The force acting on the engine gear diagram
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Figure 1.15: The reciprocating rod angular variation and the monocylindrical

engine moment for the MAN B&W 5K90MC marine engine
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Figure 1.16: Polar diagrams for crankpins of the MAN B&W 5K90MC marine
engine: a — for the crankpin, b — for the end thrust bearing, ¢ — for the

intermediary crankpins

Table 1.2: Forces and moments acting on marine engine components

No. Name Calculus formula
nD?
1 | Gas pressure forces Fo = Ap| P(6) = Peart| = e p(6)
2 Inertia for piston Fo, =—Mpap
assembly
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3 Inertia of reciprocating M..a
rod that has an P ba®p
alternative motion
4 Inertia of reciprocating _ 2
rod that has a rotation For = ~Myr R
motion
Fo e =—(my, +2m), )R
5 | Crank inertia e = (M + 2mfyy)Reo
6 Inertia of masses in an F, =-m,a,
alternative motion
7 | Inertia of masses in an F ——mRo?
rotation motion r r
8 | The force applied by the F=F,+F
articulating piston
9 | The normal force applied N = Ftanp
on the cylinder liner
10 | The force acting along B =F/cosp
the reciprocating rod
11 | Tangential force T = Fsin(a +B)/cosp
12 | Radial force Zy = Fcos(a + B)/cosp
13 | Resulting force of the 2
. . . =272\ + =Zy — MynRo
reciprocating rod acting v+ For =2 = Mom
on the thrust baring
14 | Resulting for_ce acting on Fgm B+ *rb -T+7
the thrust baring
15 | The resultlng_for inside §|m —_B+ 'Erb
the thurst bearing
16 | Resulting force of the ﬁp =Ry + Fpyy *
reciprocating rod acting
on the crankpin
17 | The force acting on the =
engine support ’ Rpost =Fp * Rply
18 | Tie piece tightening force Fo=F,
19 | Engine moment M =TR = FRsin(a + B)/cosp
20 | Rolling moment Mz = N -OP = FRsin(a + B)/cosp = M
* In a real situation the resulting force acting on the crankpin is
calculated by using two forces of such type calculated from the corners
of the crankpin, as it has been shown in the 1.16 figure.
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1.2.2 Crankshaft revolutionary motion evening

The previous remarks regarding the kinematics and the dynamics of the engine
gear have been made on the base hypothesis having in its core the angular speed ®. In
reality, due to the alternative motion of the pistons inside the cylinders and the
variation of gas pressure, strong tangential forces occur, thus the engine momentum
varies as well in a resultant manner (in the case of engines with more than one
cylinders), symbolized as My, its value being obtained by adding all the momentum M
for each cylinder. As a consequence big differences can occur in the case of the Mx
coefficient total value and the one constant for the resistance momentum, noted by
Mres = My, this being opposite by the gear driven by the marine propulsion system (it
being a propeller or a generator impeller). Figure 1.17 presents the variation of the
poly cylindrical instant momentum for a MAN B&W 5K90MC type of main engine,
indicating the medium value of Mz in the range defined by the formula:

T :TiM:TiC:8 (1.101)

It can be noticed that it is similar with the value of the constant angular off-set
between two successive launches. It also has to be mentioned that keeping this off-set
at a constant value is, in fact, a basic hypothesis, as it will be shown in the following
parts.

The mentioned differences imply corresponding variations of the Kinetic
energy of all moving masses, as well as the ones of the angular speed of the
crankshaft. The unevenness degree of the motion can be defined as:

O max — O yin
o =—"—— (1102

when the uneven functioning takes part in the (®max - ®max) range of the angular

speed of the crankshaft. The median speed of w is calculated with formula:

O~ O TN .
o =—"*——mh — —=[rot /min]

2 30 (1.103)
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Figure 1.17: The variation of the ploy cylindrical engine momentum depending

on the angle of the reciprocating rod for a MAN B&W 5K90MC marine engine

In order to highlight the kinetic energies and the differences mentioned for the
momentum we have to rely on the system with a degree of freedom of movement
diagramed in the 1.18 figure. The kinetic energy of this kind of mechanism can be

calculated with the following formula:
1 1 2 2 1 2
Ec= Ecpy +Ecp + Ecp = Elm/o + Emb (xGb + be) + E]bi(‘) +

1 1 2
E]mpyz = 592 Umo + mb(clsz + Clzby) + ]biC wb T mpc\%/p ] (1-104)

in the above formula Jmo is the mechanical inertial moment for the crankpin,
being reduced to the axis value, the rest of the elements being defined in the previous

chapters. Thus, the following moments will be noted as:
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JO)=J,, +m, (Cfbx +Cp,, ) +Js, Coy My Cu (1.105)

Practically that is the definition of the generalized inertia moment. In the
process of developing the motion equation for the entire system with one degree of

movement we need to define the centripetal stiffness moment as:

1 dJ(6
C(e) h m ) =m, (Clbx Cap, + clby Czby) + Jbi Cop Cep TMyCu Cay  (1.106)
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Figure 1.18: One degree of freedom mechanism diagram

Thus the Kinetic energy of the entire system can be written as:

E.(0) = %](9)92 (1.107)

Thus, the virtual mechanical work will be:
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8L =—p(B)A, 8y + M36 = —[p(@)Ap Cup + M ]SE) (1.108)

From the above formula we can highlight the general force as:

Q=-p(0)A,c,, + M (1.109)

The motion equation for the entire system will be:
J(8)6 +C(8)6 =Q (1.110)

By trans ponding this equation for the multidimensional system of the shaft
line of a marine main engine this will become:
J:0 = My — M, (1.111)

In the equation above J; is the total inertia momentum obtained by adding Jo,
the inertia momentum of all parts in motion reduced to the rotation axis, as well as Jy,
the inertia momentum of the flywheel that uniforms the entire motion the last one
being considered, at a first glimpse, as being much higher than the first inertia

moment, thus:
1
=J,do? =(M; - M, X6
27" (M K (1.112)

furthermore, by integration the inertia momentum of the flywheel can be

obtained:

o (1.113)

in the above figure the bellow term is the positive area from the 1.17 figure,
this meaning, at a certain scale this is the energetic overlaps towards the main
consumer. It can be observed that in the (1.111) equation a unilineal term has been

canceled, but it will further developed in the next paragraphs. From the same situation
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it can be noticed that the unevenness degree is being registered for the moment of the
multi cylindrical engine by introducing the flywheel.

The simplifying procedures previously used can be canceled by using an exact
analytic and graphic method [17] and by describing the energy depending on moment
inertia diagram. The steps will be described in the following paragraphs:

- The calculus of the inertia moment for motion masses facing the rotation

axis. The formula for the total inertia moment is:

J,=3,+3, (1114)

where the inertia moment Jo is:

3,=i(0, +3, +3. )23, (1115)

in the above formula Jor is the inertia moment for the reciprocating rod mass

facing the crankpin (which has a rotation motion):
J, =m_R* (1.116)
Ja is the inertia moment for masses with an alternative motion, being reduced

as a inertia moment facing the rotation axis, while > J, _ is the sum of all inertia

moments for coupling flanges in several areas of the crankshaft, of all counterweights
and other elements. For Jmo the following formula applies:

3. =3, +J,+23, (1117)

where the inertia moment for the thrust bearing is being reduced to the rotation
axis, being:

J, =3, +mR*  (L118)

meanwhile Jno is the bracket moment facing the rotation axis, which is being
calculated using analytical formulas or by meshing the shape of the bracket in far
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more simpler areas [5], [14], [17]. The only unsolved unknown remains the one of Ja;

for this the mass ma kinetic energy preservation condition will be applied as:

lmawp :ljamz (1.119)
2 2
In the above formula wp can be equaled with the formula specified in the 1.1

table, obtaining the following equation:

J :%maRz(boJribk coske)=5a+§13ak (1.120)

a
k=1

in the same time the by coefficients in the above formula and the harmonic
development are given by the (1.119) formula and the harmonic coefficients from the
formula for the piston motion mentioned in the (1.14) equation. Thus, the mean value
for the inertia moment, as its harmonic order component k will have the value given

by the formula:

(1.121)

The first value can be found in [5], [12] and [17]; the las values can be
substituted for the values of k that are satisfying the following condition:
k == - for two stroke engines;

k = /2 for four stroke engines (1.22);

the values will be multiplied for the i number of cylinders (as shown in the
1.19 figure).

- Mechanical work variation calculus developed in an engine cycle.
Mechanical work cycle depending on the 6 angle is being calculate with
the following formula:
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having a Mp(6) instantaneous moment for the gas pressure:

(O)R sin(0+ ) (1.124)

M, (6)=F cosp

and this equation is analogue with the no. 19 equation from the 1.2 table. In a
A calculus rate is being applied and by dividing the period 0 - Tcina n, =T /A8

equidistant intervals, the following iterative calculus formula is being obtained:

L(e,.)="L(6,)+

i

) Mp(ej)sz(e,-u)Ae’j —1+n, (1.125)

The mechanical work cumulated in a cycle rate is being shown in the 1.20a
figure, by placing the variation curve for the mono cylindrical mechanical work
(which is linear and resistant, because of the moment is constant); at the ending of a
cycle the two values are constant. By summing them up analytical or graphical the
same variations can be described in the same manner for the poly cylindrical engine
(as shown in the 1.20b figure); with Ls symbolizing the additional mechanical work
(excess mechanical work).

- Generating the inertia energy-moment diagrams. The 1.9 figure describes
the means of generating this diagram, which also presents the mean of the
energy is being transferred between the crankshaft and the engine parts
having an alternative motion. For this, in an analytical or graphical manner,
the value of 0 is being eliminated between the mathematical functions Lss
= Lss (0) and Ja = Ja (6), this way generating the Lsr = Lss (Ja) diagram
through the x coordinating points.

- The calculus for the flywheel inertia momentum. For this we have to
consider that the value of Jy starts from the origin of the reference system

described in the 1.19 figure, passes through the Ox secant (the value of x
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on the inertia energy-moment diagram), obtaining in this manner the value

of the ¢« angle:

Jy Jo qumux Uumin Ja

,_,
QD
>

S

[
[
[
[

%coi (1.126)

From the above formula the following can be concluded:

®, =+/2tan @, (1.127)

By replacing the values of the angular speeds in the (1.126) formula in the case
of the minimum and maximum values corresponding to @min and @max generated by the
tangent lines generated from the origin 0 to the extreme points of the Lss = Lss (Ja)
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curve with the abscise axis, afterwards by introducing these values in the (1.102) and

(1.103) equations the following effective values will be obtained:

¢, =arctan E[1+ S—J }
2 2
- .o (1.128)
[0} S
, =arctan —|1-—=
¢, =arc an_ 5 ( 5 j }
Ly
a.
L
L ‘ Xy
(€2 J.//
[T 5 g
I I 7
0 d 2d D Tt B

Figure 1.20: Mechanical work variation generated in an engine cycle depending

Lciclu

d

on the crank rod: a — single cylinder engine, b — poly cylinder engine

Knowing the values of these angles the tangents for the previous chapter can

be generated and at the intersection between them the 0 origin of the system lays

down, used for reading at a certain scale the inertia moment Jy for the flywheel.

By applying on of the methods above we can obtain the value for the flywheel
inertia moment, also by applying the calculus diagram presented in the 1.21. figure.

These diagrams are also used in order to calculate the diameter of the flywheel with

the formula:

In the mentioned figure are also being pointed out the values and dimensions

=3

v

for the Sulzer 6RND90 marine engine.

4]

v

npbh

66

(1.129)

]



It has been mentioned at the beginning of the subchapter that the flywheel
radius is dropping in value if the number of cylinders raises, and this is also described
in a graphical manner in the 1.22 figure. For these, the unevenness degree of the
crankshaft rotation motion varies in the range 1/20 — 1/50 for slow speed propulsion

engine and 1/100 — 1/300 for auxiliary engines.

v
[+ m?]|[m]

2010,5

02 b 6 8 D R

Figure 1.20: The variation range for the diameter and the inertia moment of the

flywheel depending upon the number of cylinders
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Figure 1.21: The calculus diagram for the flywheel diameter and the fitting
solution for the flywheel for a marine main engine Sulzer 6RND90 type
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2. MARINE ENGINES BALANCING

An internal combustion marine engine is considered balanced when the
reactions in its supports are dimensional constant, as well as direction and orientation.
Due to the fact that this condition can’t be satisfied in the case of a heat engine we will
further examine the causes that are generating the lack of balancing in the marine

engine.

2.1 Causes generating the lack of balance in marine engines

In order to analyze the way each engine gear force category act on the
reactions from the engine supports we will research on the unbalance generated by
each and every one of these forces, as shown in the 1.14 figure. the 1.2.1 paragraph
showed the action of forces acting on the fixed, as well as the mobile one for a single
cylinder engine.

Further on, we will analyze the pressure forces effect as well as the masses
inertia effect for the rolling occurrence, for which they are dimensional equal.

Thus, the total rolling momentum Myas is being defined in the 1.2.1 paragraph,
being generated by the components Mras p and Mras a, While the total momentum M is

being decomposed in the main dimensions M, and Ma in the following manner:

M ras = M rés, + M rés, (21)

and:
M=M +M, (2.2)

For each component the following equivalents apply:
M”p:Mp;Mrésa:Ma (2'3)

ras

73



having all these in mind, as a general rule, if the engine is considered as being
a single cylinder one it will be unbalanced and the main components that generate
partial momentum act on different construction engine elements. Regarding the inertia
of moving masses in rotation motion symbolized as Fr, even if it has a constant value
it is variable in its direction and orientation but it will be transferred to the engine

supports and will the generate the so called quiver motion.

If the engine has more than one cylinders than moments will occur that will
unbalance the engine and they are generated by the unbalancing forces that act in
different plan, spatial speaking. The force diagram and the momentum diagram for the
poly cylindrical engine is being presented in the 2.1 figure. The engine is to be
considered normal axial, with identical cylinders and displayed at an even distance,

this meaning that:

a -a, ,=a=const, j=1n-1 (2.4)

where g; is the distance between the cylinder j-order axis, being normal on the
Oxyz axis and the Oz axis is identical with the rotation axis, while Oy is parallel with
the cylinder axis and Ox is perpendicular on the rotation axis. Two neighboring

cylinders gears have been taken into consideration: jand j + 1.

The masses inertia forces in rotation motion for each cylinder Fi is being

decompound in the following elements:

(2.5)

X, =F, sina,
Y, =F cosa,, j=1i
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Figure 2.1: Inertia forces diagram with two neighboring engine gears which are

projected on the Oxyz axis system

in the above formulas Fy has the following deducted expression (from the
formulas 1.55 and 1.56):

F =-mRo’ =const., j =1 (2.6)

according with the previous specifications.

The mass inertia of forces having a translation motion, Fai are being deducted

from the (1.60) equation as well from the 1.1 table and they have the following
expressions:

F =—ma_,j=1i (2.7)

i a pj

in the above formula ap has the value extracted from the 1.1 table, thus:

a, = —Rof[al cos 0, + i (2k)*a,, cos 2kej] (2.8)

the coefficients a; and ax are being given by the (1.14) formula.
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The Fai force is being projected on the Oxyz axis system and generates the

following components:

X, =0

]

Y, =F ,j=1i

aj aj

(2.9)

In the above statements it has been assumed that ma and m; masses are

identical for all mechanisms, this being considered identical.

X =Y (X, +X,)
(2.10)
Y=2(Y, +Y,)

as for two of the momentum:

M, :,iZ(Yr, +Y,, )3, =,iZYr,aj +_iZYa,aj =M, +M_ (2.11)

these are being displayed around the Ox axis, and it is called a gallop
momentum (pitch), that generates a vibration around the Oxy plan and has two main
components: Mrx — gallop momentum for inertia of masses with a rotation motion and
Max — gallop momentum for inertia if masses with an alternative motion, as well as the

momentum equal with:

<
I
P
QD
I

M (2.12)

y A r i rj

This final moment is called the serpentine momentum (gyration momentum)
and generated a quivering motion for the engine in the Oxz plan, thus it has an
effective gallop component for the inertia forces of masses in rotation motion.
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In the same time the rollover moments that act in each plan of the engine carry
on. By adding them these moments generate a single total moment acting in the xOy

plan called the rolling momentum, calculated with following formula:

M z = Z‘: M rés; = Z‘:(M rés, + Z M ras, ; )’ (2'13)

This momentum includes the rolling momentum of all inertia for masses with a
alternative motion and all pressure forces generated by gases, according with the (2.1)
formula. In the previous formulas i represents the total number of cylinders.

It can be concluded that from the (2.10) and (2.11) that the resulting inertia
forces and the rolling momentum are not dependent on the distance between cylinders.
On the other hand the gallop moments and the serpentine moments are dependent on
these distances. That is why the balancing process can be studied on the bases of two
type of loads: the inertia forces and the rolling momentum; the inertia forces
momentum (the gallop and serpentine momentum).

These moments that generate engine unbalancing are called external
momentum because these one act on the engine supports. On the other hand the force
couple momentum that load the support crankpins are called internal momentum. In
this manner it will be mentioned that the balancing process consists in the complete
cancelation of all variable forces and momentum acting on the engine supports. Above
all, there are two means of balancing: using some sort of balancing masses
(counterweights) that have inertia forces that cancel the inertia forces of moving
masses, as well as their momentum, or picking an optimal solution consisting in an
optimal crankshaft, with the possibility of canceling the forces and momentum of
inertia. Generally, an intermediary solution is being chosen that combines the two

mentioned previously.

2.2 Balancing the one single cylinder engine
The observations made in the previous paragraph are used as a base to study
the unbalancing phenomena that occur in the normal axis single cylinder which is
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being generated by the Fr and Fa forces, as well as the rolling momentum Myas with its
main components Mras p and Mras a, thus we will be analyzing the means of balancing

these components at each turn in the following.

2.2.1 Rotation masses inertia force balancing
The no. 7 formula from the 1.2 table expresses the inertia of masses with a
rotation motion; this force is being balanced by using two counterweights with a mer in
the elongation of brackets (as shown in the 1.13 figure). Assuming that the force Fr
acts on the symmetric plan of the elbow, we will consider that the two counterweight
have even masses and that they will develop an inertia force that will balance F:

2m, p, =F (2.14)

In the above formula exists two unknown values: the balancing mass mer and
the distance from the mass center to the rotation axis per. If one of the condition is

being applied it implies the other one.

2.2.2 Balancing the inertia forces of masses with a translation motion

The formula for the inertia is given by the no. 2 relation from the 1.2 table,
while the formula for the piston acceleration is also given in the 1.2 table, thus mass
inertia forces in translation motion for the one single cylindrical engine with a normal

end axis has the following shape:
F = maRcoz[al cos 0 + i (2k)*-a,, -cos 2k6} =
=m,Roa cos 6+ maRmzi (2k)*a,, cos 2ko =
7 (2.15)
=-m R’ cosO+ > mR(2k)’a,, cos2ko =

= Fal + i Fazk
k=1
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in the above formula, if we have in mind the value a1 = -1, the following

notations have been made:
F,, =-M,Ro’ cos6 (2.16)
and:
F_ =mRa,(2ke)cos2kd  (2.17)

thus only 1% order harmonic persists as well as the superior even harmonics.
In the initial momentum zo = 0, we will have a angular value 6 = 0° RAC (the
reciprocating rod is at the lower dead center), thus:
F, =-m,Ro’; F, =mRa, (2ko)’ (2.18)

Having in mind the formulas from (1.14) the sign of the ax« coefficients can be

set from the harmonic developed out of the piston deployment:

k=2p

1,
signa,, = (2.19)
-1, k=2p-1, peN

The observation from the (2.17) formula becomes the meaning of a initial

phase by introducing an additional angle @ak:
F_=mR(2ko) a, cos 2kd =-mR(2ko)a,|cos(2k0+¢, )  (2.20)

az

and:

_m k=2p
(sz_ O, k:2p—1, pEN (221)

Further one:

F

axk

=m,R(2ke)’|a (2.22)

2k|
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and this allows to obtain the expression of the superior harmonic with an even

order:

F. :—\Fm\cos(zkeﬂp%) (2.23)

The last formula is not fixed because it can have the following vectorial
meaning: it should be considered an applied vector on the O center, with a constant
value, equal with |Fax|; this vector will be spinning around the reciprocating rod
orientation having an angular speed equal with 2kew; in the & = 0 °RAC, when the
reciprocating rod reaches the lower dead center point this vector will form an g2« angle
with the Oy axis (as in figure 2.2a); keeping in mind the usual sign convention [6],
[11] and [17], in strict coordination with the sign of ax, the module vectors |Faz| and
|Faak-1] will be on the same phase with the reciprocating rod when it is in the lower
dead center; and the module vectors |Fask| will be faced on opposite position towards
this; after the z time period, in which the reciprocating rod generates the § = wx and
the vector surpasses a certain angle equal with 2k0 = 2kwz, the vector projection on
the Oy axis is |Fax|cos(2k6 + ¢2k) representing the actual value of the module
harmonic 2k in any given moment (as shown in the 2.2b figure).

The |Fa2] mentioned vector can be balanced with an equal vector that has an
opposite orientation, obtained by using a rotation mass with the same speed as the
vector, but at a difference of 180°, having a mass center placed at a peazk towards the

rotation axis. The balancing mass can be calculated with the following formula:

Cazk

. R
m. =m —I[a,| (224
p

Capk

This value is being obtained by imposing the value of peaox. The main thing
that has to be obtained by balancing the |Faz|cos(2k6 + @) value and that how it is
shown that it remains unbalanced by the component |Fax|Sin(2k6 + ¢2), this leading
to another vectorial interpretation (as shown in the 2.2c figure): thus |Fax] is the
resultant of two vectors with a constant dimension and it is equal with |Fax|/2 and
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they spin in opposite directions with an angular speed equal to 2kw and generate the
@2k, in other words - gz in the 70 = 0 (@ = 0 °RAC); the two vectors are being balanced

using two masses with the following dimension:

1 .
m_ =—-m, (2.25)

a2k 2 a2k

the two masses are symmetric towards the cylinder axis and are spinning one
depending on the other with an angular speed equal with 2kw; the normal projections
on the cylinder axis for centrifugal inertia mass forces mea2x are canceling each other

in a reciprocating manner.

In the case of the ap, acceleration we have to limit ourselves at the first two
harmonics by applying the simplified formulas from the 1.1 table, thus we will obtain
the order 1 harmonics for the mass inertia force that have an alternative motion (as

mentioned in 2.16), or the 2" order harmonics:

F=-AmRo’°Ccos20  (2.26)

az

In practice, in the case of the normal single cylindrical engine the balancing
process is being limited to the firs two harmonics. The complete balancing diagram
for the inertia forces is being drawn out from the [6], [10], [11] and [17] elements of

references that will be listed at the end of this chapter.
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Figure 2.2: The vectorial interpretation of inertia forces generated by the masses

with an alternative motion

2.2.3 Rolling momentum balancing of pressure forces generated by gasses and
mass inertia forces with a translation motion

The rolling-over momentum generated by the gas pressure has the following
formula which has also been mentioned in the 1.2, no. 19 formula:

M =FRsin(e+B)
? cosf

(2.27)

in the above formula F; is given by the (1.124) formula by applying the (2.3)
formula.

The momentum is, in fact, a periodical function that depends on the 0 rotation
angle, the period being the one of the T¢ cycle (as shown in 1.97), thus this hypothesis
can be further developed by applying the analogue principles with a harmonic analysis
for the gas pressure of the motor fluid (as shown in 1.97) in a Fourier series:

M, =M_ +>M, (2.28)

around the median value:
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_ 1™
M =—|M (06)d6 2.29
T! ) (2.29)

C

and the harmonic components with a k order have the following values:

M, =M | cos(ko -, ) (2.30)

having a module and a phase given by the relations (as it will be shown in the

4.2 paragraph):

:\szpk +Y2pk

X (2.31)
¢, =arctan v s

Px

‘ 68 py

In the above formula the harmonic coefficients have the following formula:

X, =2 «. (6)coskede

5 (2.32)
Y, = T—j M .. (6)sin ko do

From the above formula and the vectorial interpretation applied in the 2.3
figure the projection of a spinning vector that has a module projected on the Oz
rotation axis, with a kw, in the opposite orientation facing the crankshaft and forms an
angle gpk With the rotation axis when the crank is in the lower dead center position.
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Figure 2.3: Vectorial interpretation of the harmonic component with a k

order for the roll moment generated by gas pressure

Analog, by applying the corresponding formulas for the inertia of masses in
alternative motion (as presented in 2.15) the formula for the rolling motion is being

generated due to this force itself:

sm

M, = M .
®a cos[:‘s kz; y  (2:33)

0

For the harmonic component with a k order the following formula will apply:

=™, ‘sin(ke +o,) (2.34)

with a module and a phase given by de formula bellow:

‘Mréak = m,R%0’[o,|
_[0,k=156,... (2.35)
Pa T\ k=234,...

the bk coefficients are being given by the following sets of formulas:
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1
b ==Xa -2a
1 4 al 2

1
b,=—a —4\a
2 2 al 4
b, = %kal +2a,—8a, (2.36)
b, =2\a, —9\a,
b, =8a, —18a,

b, = 4\a, —16Aa,,...

The vectorial interpretation of the rolling moment generated by the inertia of
masses with a translation motion is being presented in the 2.4 figure. the rolling
momentum generated by the gasses pressure force depends on the engine load (by the
means of pressure), practical being invariable towards the rotation speed, thus it can
be concluded that it cannot be balanced with counterweights, unlike the momentum
generated by the mass inertia force which have a translation motion. According with
[4] and [17] the k=2 order harmonic forces of the two effects are in opposite phase,
the unbalance being generated by the momentum from the second category and it is

being lowered in endurance by the condition:

»»»»»»

In case of an off-set engine gear an additional elements of the rolling

momentum occurs which is being generated by the gas pressure.
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Figure 2.4: Vectorial interpretation of the harmonic interpretation of a k-

order for the rolling momentum generated by the inertial phenomena

The total component of the rolling momentum will be obtained by adding up
the two vectors which leads to the formula for the momentum generated by the gas

pressure force and the inertia, with the following formulas:

M. =[M_|sin(ko+o,)  (238)

with the following module and phase:

=M.

‘ S py

M., M| +2m M Jsinfe, +¢,)

cosg, +‘Mma ‘sin 9, (2.39)
@, =arctan -

\M \Sin ?, +\'V|m.a \Coscpak

and with a vectorial description that reassembles the ones previously applied:
the projection on the Oz axis of a spinning vector having a ko speed and an opposite
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orientation towards the crankshaft, with a phase angle on the Oy axis at the initial

momentum.

2.3 Balancing a poly cylindrical engine with cylinders in a line
configuration
The hypothesis around which the following considerations will be developed
are: the engine has even distributed combustions, identical cylinders and equal in
distance. Further on the two main types of loads are being analyzed: inertia forces and

rolling momentum, as well as momentum of these forces.

2.3.1 Inertia force balancing and the rolling momentum
The issue of loading forces ca be solved by applying an unitary approach [9],
keeping in mind the vectorial interpretations presented in the following chapters.
Thus, on the basis of previous interpretations the vectorial module will be expressed

using the following formula:

V.| e{F|

F. }kEN (2.40)

" resg

and this is a vector with an angular speed equal to ko and this is being
projected on the Oy axis, this vector also describes the inertia force of masses with an
alternative motion towards Oy axis and this is happening when the crank in passes
through the lower dead center position and it is given by the initial phase symbolized
as wx. When i = 0, the vector describes the inertia force of rotation masses, or the 1%
order harmonic of the inertia for all masses with a translation motion. Either way the
last specification on the unitary interpretation states the fact the rotation orientation of
the |Vi| vector is identical with the on applied on the crankshaft when taking into
account the inertia forces and opposite in case of the rolling momentum. In the case of
the poly cylindrical engine, for the same harmonic order k there a vector for each
cylinder |Vki|, j =1 -iand this allows the an association can be made between the star
of these vectors and the star shape described by the crank which can be obtained by
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projecting all the crank corners on a normal plane of the rotation axis (as it is shown in
the 2.5 figure and on the same figure the combustion order has been numbered for that
crank). In these conditions the angle formed by two consecutive vectors is equal with
krz/i, in which 7 is the number of engine strokes and the time needed to achieve an

engine cycle. Further on, two different cases can occur:
- kT —2pnpeN (2.41)
i

and this lead to:
k = 2pi /zfor:
pi — for two stroke engines;

pi / 2 — for four stroke engines.

and this is the case for which all vectors have a resultant with a value different
from O which is i times higher than the module of the k-order component for one

cylinder:

-y,

=iV, |#0. (242

V=2V,
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Figure 2.5: The star-shaped diagram described by Vi; vectors and the

cranks

Because of the fact that all vectors are in the same phase the resulting vector
stays all the time in the same perpendicular plan on the crank shaft rotation axis, as
well as the specified vectors and as a consequence this vector can be balanced by

using the equilibration masses;

- kq'-_—7t #2pn,pe N, a case for which the calculus for the resultant the
i

vectors will be projected on the mobile system symbolized by O&n, one of
these projections being similar with the crank orientation |, and the other

one is normal on the axis. The resultant will have the following module:

V,|= /\7k§ +V, (2.43)

in the above formula the components have the following values:
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sin(i3/2) cos{(i —1)5/2] _

Z cos J 1 kd = ’Vkl ( S)m(g[éz) )6 ] (2.44)
L v, 1 sin(i8/2)sin|(i —1)5/2 '
: (-6 =V, sin(5/2)

because:
i0/2 = itn/2i = tn/2:
7 — for two stroke engines;

2r — for four stroke engines.

Thus, for the cases in which:
k # 2pi/z:
pi — for two stroke engines;

pi/2 — for four stroke engines. (2.45)

the vectors generate a zero value resultant: |Vk| =0

The previous observations are valid for all engines with an even number of
cylinders. For the general case it can be seen that the harmonic orders carry on and
depend on the stroke number of engine cycle and on the number of cylinders:

k = pi for two stroke engines;

k = pi/2 for four stroke engines and i = 2m and m € N; (2.46)

k = pi for four stroke enginesandi =2m + 1and me N.

It can be noticed that the engines with the cylinders displayed in line have a
better balance once the number of cylinders increases because the harmonic order
increases as well and this due to the fact that minimum harmonic order does not
cancel itself, the amplitude of the superior harmonics constantly decreasing. In the
meantime two stroke engines are superior comparing to four stroke engines with the
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same number of cylinders, the lowest balancing features being recorded in the case of
four stroke engine with an even number of cylinders.

The 2.6 figure presents the balancing solution for mass inertia forces with an
alternative motion Fax (for normal axis set gears, just the even harmonic components
remain). In this case two balancing weights are being used symbolized by mea2x that
are spinning in different orientation facing each other with an angular speed equal to
2k and that are developing centrifugal inertia forces with a |Fea2| dimension which
have the projections on the Oy axis and that are balancing the inertia force Faxx for the
entire engine mass multiplied by i, according to (2.42) formula. From the above stated

the formula for the balancing mass can be deducted:

I R
m =—m —
azk :2

a

2k

(2.47)
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Figure 2.6: Alternative motion inertia forces balancing diagram for a poly
cylindrical engine with all cylinders displayed in line
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In the above formula pea2« is the distance from the counterweight mass center
to the rotation axis of it. Additional, the presented solution also presents the possibility
of balancing the rolling moment with an even order which is generated by the forces
with an alternation motion by offsetting the balancing masses along the Oy axis with
the Ay distance, given by the balancing formula between the additional engine couple
of horizontal components of all centrifugal forces generated by the counterweights and
the specific rolling momentum multiplied by the number of cylinders by:

2 b

Ay=—_R

(2k)

2k

(2.48)

2k

having bz given by the (2.36) formula. For modern marine engines the solution
applied in the case of four stroke engines fitted with four cylinders (such as Mitsubishi
and others), for which the 2" order harmonic remains or for which the previous
quantity becomes equal with the crank length L, or more precisely, keeping in mind
the formula (2.37), the following results:
Ay =L([1-2) (2.49)

with:

z:‘l\/ll_(

/M...

Spy

2.3.2 Inertia momentum balancing
Further on the analysis of inertia momentum balancing is being dealt with, this
forces being generated by masses with a rotation motion and afterwards by the masses

with an alternative motion.

2.3.2.1 Momentum balancing for inertia forces generated by masses with a

rotation motion
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Even though the inertia forces resultant of masses with a rotation motion is 0
for all engines with even displayed combustions, the star diagram described by these
is superposed on the one described by the cranks by the fact that they act on different
plans and they will generate an unbalancing moment that acts on the engines supports
as it is shown in the 2.7 figure. The gallop and serpentine momentum components that

are being projected in the Oyz and Oxz plans are given by the formulas:

er :ZI:Yrjaj;Mry :_lexrjaj (250)

with the following resultant:

M, = /M +M? (2.51)

and the angle between it and the Ox axis is:

M r,
@, =arctan M - (2.52)

rX

This resultant vector has a spinning characteristic and has a speed equal with
the one of the crankshaft. It is an external moment that generated the vibration of the
engine fitted on the support. Even if it has a constant dimension it is variable as
orientation towards the crankshaft. The balancing can be realized by applying a Mer
vector which is equal but has a different orientation, and this can be done by adding
two extra masses m’er, Which have the same weight but different rotation speeds
symbolized by ® and are placed at a p ’er distance towards the rotation axis with the

following dimensioning equation:

m.p. o’[(i-1)+1 ]=M,  (2.53)

and the length of the crankpin is symbolized by In.
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Figure 2.7: Balancing diagram for inertia forces momentum generated by masses

with a rotation motion

2.3.2.2 Balancing the inertia forces generated by masses with a translation

motion

The inertia forces of masses with an alternative motion occur in parallel
vectorial system and are deployed in the same plans (acting in the Oyz plan and have
parallel vectorial supports parallel with Oy). The vectorial system is being reduced to

a single resultant given by the following formula:

Rﬂ :_IZFaJ;Ma :I\/Iax :_iZYajaj (254)
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in the last formula the end term includes only the gallop vectorial elements (as
shown in the 2.8 figure). The balancing of the first component has been studied in the
2.3.1 paragraph, that is why, in this paragraph only the second component will be
dealt with.

According to Varignon’s theory the sum of all moments of a vectorial system
will be equal to the resulting moment of the entire system towards one point set as Co,
thus:

a rez

> F a=Ra (2.55)

in the above equation are; in the coordinate of the Co center in the system
presented in the 2.8 diagram. We can extract the 2k order harmonic components from

the previous equation, thus the following formula will result:
Zaj cos{2k[o+(j-15+¢, |}

) Zcos{Zk[6+(j ~15+0,, |}

a

rez

(2.56)

The above formula is valid only if the combustion are distributed in an even
manner. If the additional conditions are placed in [1] then the following condition will

result:

2k(j—=1)0 = 2pm, N
{ (i-185=2pn,pe -

a=(-j+la

in the above formula a is the distance between two consecutive cylinders, the
first equation suggesting the fact that the 2k order terms are permanently in phase and
that means the resulting force is 0, and the second equation suggests that the cylinder i
is placed at a distance a towards the reference origin system, thus the (2.56) equation
will be modified as it is shown below:
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20-0+Y) iy i

a'rez = H a - -
I 21 2

a (2.58)

from the above formula it can be suggested that base of the resultant force is in
the middle of the crankcase. Thus, an observation will be made that is rational to
calculate the unbalancing moment of the inertia force for all masses with an
alternative motion towards the Co point, keeping in mind the total inertia forces
occurring in the total moment of the crankshaft. Calculated in this manner it will be
defined as an external moment and the corresponding moment for only a half of length
for the crankshaft is an internal moment by definition. For the harmonic components
that have a 0 valued resultant the minimum value of the external moment does not
depend on the point used as a reference at the beginning of the calculus; on the other
hand for the harmonic components that have a resultant which is not equal to 0, the
minimum value for the external moment will be calculated towards the symmetrical
central plan that passes through the crankshaft (through the Co point), because, in this

case the base of the resultant force is the central axis of the vectorial system.
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Figure 2.8: The diagram for the calculus of force inertia moments for masses

with an alternative motion

Thus, each time this is possible, the preferred solution chosen for a crankshaft
is one with a symmetrical center plan and this is valid only for the engines with an
even number of cylinders, while this will not four stroke engines, having a crank
phase, also not for two stroke engines that have an opposite phase. For the first
category, four stroke engines with an crank phase a number of possibilities of

achieving a symmetrical number of crankshafts exists, expressed as:
101
v=—|—--1] 2.59
31 e

and the bellow formula is valid for all crankshaft configuration:
)
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For the engine mentioned in the second category, two stroke engines, the
number of possibilities of achieving semi-symmetrical crankshafts is being given by

the following formula:

N=vu (261

for each configuration the combustion order is easily calculated.

One sort of this solution of crankshaft is being presented in the 2.9 figure,
where it can be noticed that two cranks have been taken into account and they are
equally distanced towards the symmetrical center plan having the j and i-j+1, while

the distances facing their symmetrical plans to the Co point are:

i-2j+1
ai - arez = arez - aifi+1 :Ta (262)
*y
218+ i- ) 31+ By
/‘—'
2ki8:(j-113 1+ o, F°2k f-':azkf
|_

J

Figure 2.9: Calculus diagram for the gallop moment of inertia forces that have an
alternative motion, for a crankshaft with a symmetrical central plan
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Inertia moments for masses having an alternative motion associated to the

cylinders symbolized by j and i-j+1 towards the Co point are calculated with:

i/2 i/2

Magk = Z(Maij - MaZki—j+lj = ;[Fqk]— (aj _arez>_ FaZki_j+1 (arez _ai—j+1):| =

j=1

:i(i—j+l)a

FaZ k

sin{Zk{enLi_Tl&}Hka}sin[k(i ~2j+1)3]=0

(2.63)

because the angle between the two plans of the crankshafts elbows is:
(i—j + 1)o = 0 —for a four stroke engine  (2.64)
(i—j + 1)o = = —for a four stroke engine

Thus in the case of engines with a symmetrical center plan the gallop moments
for the even order components will be equal to 0. Keeping in mind that the engine can
have a normal axis only the harmonics of 1% order remain. These harmonics generate
a null moment towards the central symmetrical plan in the case of four stroke engines
because all the cranks are phased. On the other hand, in the case of two stroke engines
1% order harmonics generate a different moment towards the middle point fixed as a
reference on the crankshaft of the marine main engine.

In order to balance the moment My a device can be used, this being presented
in the 2.10 figure in which p represents the harmonic order that generate a moment
different of O: the first order or the 2k order occurs when the crankshaft doesn’t have a
central symmetrical plan, if the engine has an uneven number of cylinders. In this case

the number of solutions for the dynamic crankshafts is calculated with:

N:%G—ﬂ (2.65)

The balancing condition is:

2m; p, (pw) cose, I =M (2.66)

ap
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in the above formula the overriding angle ¢ap and is the angle of all
counterweights with a null usual value due to the persistence presented only by the
components contributing to the gallop moments.

The analysis of certain types of engines with a certain number of cylinders
have been studied in [1], [6], [11] and [17].

For marine diesel engines with a larger number of cylinders balancing
solutions are being applied, such not respecting an equal distance between cylinders
and the ignoring the set order of combustion [1], [14] and [17].

For practical and technical solutions needed to balance marine engines with
inline displayed cylinders the solution proposed in the 3.5 paragraphed must be

analyzed.

Figure 2.10: Balancing device diagram for the Map moment
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2.4 Balancing a V displayed cylinders engine

As it has been shown in the 1.1.2 paragraph, the crankshaft of a V displayed
cylinder engine, having an i number of cylinders, has the same configuration as an
engine with cylinders displayed inline having an i/2 number of cylinders and an even
combustion. If the number of cylinders for a four stroke engine with cylinders
displayed in a V shape is a multiple of four than it’s crankshaft can be seen as a
crankshaft of a four stroke engine with inline displayed cylinders engine or the one of
a two stroke engine with inline displayed cylinders.

According to the 2.11 figure, for a V shape engine with a normal axis, having
the construction of reciprocating rods as shown in the bellow figure, all reciprocating
rods assembly placed on the same crankpin have the harmonic resultants having a p
order (p=1 or 2k for the normal axis mechanism) from the left line, as well as the right
ones are calculated by applying the following formula:

F, = ‘F% ‘cos p(6+7v/2)

(2.67)
F, :‘Fap‘sin p(6+7v/2)

with a given module expressed as:

F

ap

=m,R(pow)’[a,| (2.68)

these two harmonic components generate the following projections on the

system axis as presented in the 2.11 figure:

F =2 sin%sin%sin po=A_ sin po

Apy

F

ap

(2.69)

F, = 2‘ F. ‘cos%cos% cos p6 =B, cos po

from which:
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FFF
t—=1 (2.70)

This allows us to analyze in a vectorial manner the harmonics with a p order: a

spinning vector with a variable dimension, with an angular speed multiplied by p, thus

p times higher than the speed of the crankshaft, which has an extremity described by

an semi sphere with the A, and B, semi axis.

From these formulas, knowing the balancing conditions from [7], [11] and [14]

we can conclude the following statements:

If A, = B, than the V shape configuration is defined by
y=[(2m+1)/(p + 1)}, p e N .. For the 1% order harmonic y = z/2, thus the
resulting vector describes a circle and can be balanced by using

counterweights;

If Ap = Bp than the solution is y = z and p = 2k and this means that for
engines with opposite facing cylinders the inertia forces with an even order
are null replacing the 1% order harmonic.

In a particular manner we can calculate the orders of harmonics that generate

the null component having one of the axis as a reference.
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Figure 2.11: The diagram for calculating the harmonic resultant with an p

order for a V cylinder displayed engine

2.5 Engine balancing with opposite displayed cylinders

In order to analyze this consideration we need to see the engine with opposite
displayed cylinders as having two crankshafts, for which the kinetic phenomena has
been analyzed in the 1.1.3 paragraph. The diagram used to calculate the unbalancing

moments is being presented in the 2.12 figure.

If the two crankshafts would be fixed in the same phase al the harmonic

components of the inertia moments would be balanced.

It has been presented that, in order to ensure the distribution forces, the
misalignment between the two crankshafts has to be ¢ = 5 — 7 °RAC, thus meaning
that the vectors that describe the inertia forces don’t have to be in fixed opposition and
the value of the normal resultant will be insignificant.
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Regarding the external moments with a p order, keeping in mind the formula

61 = 62 + ¢ we will have the following formulas:

Mapx =F, Zi:aj cos(pelj +(pp)
1 N (2.71)
Mapxz =|F, Zaj cos[n— p(elj —cp)—cpp]
also:
My, = i (p@lj +(pp)

(2.72)

np(ll_) ]

apy2

The resultants on the two axis will then be:

<
|

sm—Za cos(pe j
sm—Za sm(pe j

= +
apy apyq Ay a

(2.73)

a

= + =
apy apyl aPy2

The mentioned values for the unbalancing momentum generates the fact that
these values will be in the range of (0.1 — 0.2) through the factor 2sin IOZ(P from the

value of the momentum generated on a single crankshaft. Generally this can’t be
applied for this kind of engine, special balancing solutions being needed.
104



Figure 2.12: Calculus diagram for the unbalancing moments of the engine
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3. DYNAMIC PHENOMENA ONBOARD SHIPS

The present chapter represents a passing from the dynamic study of the marine
engine seen as an technical entity to the connection between the propulsion engine-
shaft line-hull, this being an dependency without which no study can be undertaken
regarding the ships propulsion systems.

3.1 General view over the dynamic phenomena onboard ships

Increasing the dimension of commercial ships, as well as the overall power of
propulsion systems in the last decades are features that challenge the engineers,
designers and shipbuilders and one of the most important ones is defined by the
increasing vibration level onboard ships. The vibration phenomena onboard ships are
very important and need to be taken into account because they simultaneous influence:

- The endurance of several structural components in the hull;

- The technical statement of various machines and devices fitted onboard;

- The crew and passengers comfort level.

In order to set the origin of these vibrations we can easily notice that
construction elements of ships have an elastic nature being exposed to excitations
generated the following sources: main engines and auxiliary engines, propellers and
the shear effect of the seas.

In order to achieve a precise study of vibrations onboard ships, as in any case
involving vibrations, it is compulsory to keep in mind two complementary features of
these phenomena, the excitation sources, as well as the reactions of propulsion
installations and apparatus and the way naval structures react on these vibrations.
Thus, in order to prevent the generation process of unneeded vibrations, being
necessary to use a simultaneous approach from a static and dynamic point of view
regarding the way the propulsion system and the hull react. The hydrodynamic
functioning of the propeller in the aft region of the ship is, in fact, the origin of
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another source of excitation and vibration. In the [7] reference the diagram of all
sources of vibrations onboard ships have been presented, including all the coupling
systems that can occur in case of several types of vibrations generated by the after
mentioned excitations. This is why, reanalyzing the 3.1 diagram we can reestablish the
excitation sources for vibrations generated onboard ships, but, more than this, the
diagram highlights the main methods applied to limit the effects of these excitation
sources that can be generated by the propeller, the engine and the sea induced effects,
this being correlated with the above mentioned classification.

3.2 The vibrations generated by the marine main engine

According to the facts previously stated, the main vibrations generated
onboard ships is being represented by the main engine included in the overall
propulsion system. This is why in the next paragraphs a short presentation of the main
types of vibrations generated by the main engine will be studied categorized as: the

vibrations of shaft lines and the vibrations of the building blocks of these ones.
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Figure 3.1: Excitation source diagram of vibrations generated onboard ships and

main means of preventing and reducing them

3.2.1 Shaft line vibrations generated by marine engines
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The propulsion systems fitted with diesel engines are being directly coupled
with the main propeller and this represent the two main sources of vibrations
generated on the shaft lines, the main sources being the engine itself and the propeller.

The excitation forces of the shaft lines in the case of a slow turning marine
engine are being presented in the 3.2 figure, in which F is a total axial force and it
being calculated by adding up the gas pressure force, Fp, which, in its own turn can be
divided in a normal component, N that acts on the cross-head system and a B
component acting along the reciprocating rod. The las component, B, at its own turn
can be divided into a tangential force, T and a radial one, Z, both of them acting on the
crank nut, as it was mentioned in the 1.2.1 paragraph.

The vibrations acting on the shaft line of a marine engine of this type are being
analyzed in this chapter, but a dynamic quasi-stationary behavior is being considered,
this meaning, in fact, that the engine is functioning in a stabilized manner (constant
values for effective power and rotation speed, as it has been shown in [5], 8™ chapter).
The changes in balance of the presented system represented by such an engine are low
in amplitude and have a periodical occurrence.

The mathematical models for the different vibration shapes lead to differential
equation systems. The parameters of these equations can have a constant value, such
as the values for masses and stiffness coefficients, or variable, such as rotation speed,
power, excitation frequency and duration.

For an example the linear differential equation for forced vibrations for the
elastic system that shapes the propulsion marine engine shaft line has the following

shape, based on a matrix notation:

[MI{x} + [D1{G + [RIOG ={F®}  (3.1)

In the above differential equation the following notations have been used:
- [M] - mass matrix (or moments with inertia mass);
- [D] — amortization coefficients matrix;

- [R] - stiffness matrix;
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- {F(r)} — column vector for all moments and excitation forces;
- {x} — column vector for angular and linear elongations;

-t —duration (time).

Figure 3.2: Excitation forces on the shaft line for a marine slow engine diagram

In order to find a solution for the issue of free vibrations generated on the shaft
line the {F(z)} = 0, equation 3.1 has to have a homogeneous characteristic. This
equation will allow us to calculate the values for self pulsations depending on the
values of [M], [D] and [R] matrix, in other words the geometry of the equivalent
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oscillatory system. Its own pulsation characteristics allow the calculus for the critical
rotation speed for the reference engine, this meaning that the rotations for which the
resonance phenomena occurs with all the excitations harmonics components. Usually
the self pulsations are being calculated without taking into consideration the
attenuation from the entire system. Experience has shown that the influence of
attenuations are not substantial important the values for its own pulsations, even if in
[10] and [11] the torsional attenuations can have a certain influence, especially when
these ones are being considered as variable on harmonic orders. Further on they will
be taken into account in this manner.

The oscillatory system generates a response equivalent for the shaft line of the
marine main engine and during periods when excitations occurs its forced vibrations
and this means, mathematical speaking, that this is the optimal solution for the
homogenous equation. In stationary conditions the excitation is, in fact, a periodical
function and can be represented as a Fourier series development. A particular solution
can be calculated for each harmonic order.

The resonance occurs when the pulsation excitation has a certain harmonic
order which is the same with its own pulsation for the entire system. In the area of this
pulsation the dynamic multiplier [2] can lead to the increase of the vibration
amplitude, all these being leveled only by the attenuation degree of the entire system.
Afterwards it is obvious that this kind of situation must be avoided, being by far to
dangerous and for this situation there are two possible solutions:

- the action in an opposite phase having a resonance frequency at the
excitation point; this being in fact the active compensation process and this
implies that a complex technical solution must be used, such as digital
control systems or other advance computers;

- the modifying process for the dynamic behavior of the entire system in
such a manner that peak amplitudes are not overriding acceptable values
that are compulsory and imposed by the naval classification societies. It’s
the same thing as the condition that resonance does not occurs in the area

described by the normal engine cycle. This is the most chosen solution and
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can be obtain by modifying the geometry of the entire system (as it will be
shown in the 6™ chapter).

In the process of solving the issues of vibrations acting on the shaft lines in the
case of a naval engine the calculus of autopulsation depends essentially on its
geometry, as it has been shown. Even if the inertia moments and masses of the entire
system can be deducted with a low level of difficulty, in order to obtain the values of
the stiffness coefficients is much more difficult. In order to achieve this two reliable
methods have been developed:

- the torsional stiffness coefficients for the crankshaft can be calculated by
using empirical formulas as mentioned in [13], [14] references. In order to
test the exactness of this method experimental validation has to be applied
[14];

- the torsional stiffness and the ones generated by different vibrations types
can be established by applying a tridimensional model with finite elements,
as shown in the 3.3 figure.

If the structural elements and the boundary conditions are well chosen, then
the values of stiffness coefficients calculated can approach in a very fine manner with
the values in recorder in real situations this analysis being applied more often lately
since the early stage of engine design. This method allows designers to extract an
important amount of precise information in a more rapid manner, thus the results will
eventually have to be confirmed by practical measurements methods.

The shaft lines that are driven in a direct way by the propulsion main engines
have three specific main types of vibration types:

- shaft line torsional vibrations;

- shaft line bending vibrations;

- shaft line axial vibrations.

It also has to be specified that the propeller gyroscopic effect (also called
whirling) specified in [10], [11] hasn’t been taken into consideration in the analysis

made in this chapter.
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Recent research specified in references [7], [10], [11], [94], [95], [98] and [99]
suggests the fact that coupling phenomena between different types of vibrations have
to be considered in order to achieve a precise analysis of the shaft line vibrations,
which will be detailed in the 4.4 subchapter.

Figure 3.3: Crankshaft meshing for a Sulzer RTA type of marine main engine

3.2.2 Maine engine structural resistance vibrations

The normal force acting in the crosshead system of a slow engine (as presented
in the 3.2 figure) generates a rolling moment through its components resulting from
the forces generated by gas pressure and also from the inertia forces of alternative
motion masses developed in an individual manner in each cylinder and this moment
varies depending on the value of the rotation angle of the crankshaft. According to
reference [6] and [14] this type of forces are called lateral forces and moments, these
being developed in Fourier series, as it has been shown in 2.2.3 and 2.3.1 paragraphs.
These moments and forces act as excitatory forces on the structural vibrations of main
engines components and these vibrations have a very complex feature. This feature
depends on the complicated construction of these structures, as well as on the complex
characteristic of the load applied on the engine. The excitation degree, as a vectorial
sum for the entire engine [13], for a given harmonic order depends on the combustion
order, this being valid for the characteristic configurations of the vibration modes for
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all structural resistance for a slow marine engine with six cylinders displayed in a line
configuration, as presented in the 3.4 figure.

Depending on the number of cylinders and the harmonic order the lateral
excitations can generate other structural vibrations that depend the on the resistance of
the engine itself, in the so called H and X modes. The major harmonic orders will
stimulate, for an example, the engine vibration in a H mode, also known as the rolling
force of the engine.

These vibrations can influence the additional systems fitted on the main
engine, such as overcharging blowers, auxiliary blowers, etc., being able to generate
local vibrations in the engine compartment and the structural elements of the double
bottom deck, but most of all, these phenomena have to be dealt with and reduces. The
usually remedy for the structural vibrations of the main engine construction elements
is represented by the process of fitting traverse stiffeners in the upper part of the main
engine.

This requirement is being applied in the case of 4, 8 and 12 cylinder
configuration engines. In the case of marine engines with 5 or 6 cylinders this solution
has to be applied only when the sea trials confirms their necessity.

The mentioned type of stiffeners acts on the structural stiffness of the entire
engine leading to a higher level of system pulsation vibrations. Usually hydraulic
traverse stiffeners are preferred because these have a better behavior when small
changes occur in the structural configuration slight changes, especially during the
loading-unloading operations, as well as in the case when deformations occur during
normal ship operation (as shown in the 3.5 figure).

Specified vibration influence that act on the engine can be studied by
generating a tridimensional substructure of the entire engine. These can be treated by
using the finite element method [10], as well as the modal analysis method. An
assembly like that which combines three main substructures, corresponding, in fact to
a single cylinder structure, is being shown in the 3.6 figure. This example is being

extracted from the simulations made on a slow marine engine Sulzer RTA type.
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3.3 Propeller induced vibrations

In the previous paragraph the mechanical generated excitations have been
presented (generated by the engine itself), further on the hydrodynamic generated
excitations will be presented (the ones generated by the propeller).

The propeller can generate excitation vibrations to the ship’s hull through:

- momentum and forces transferred to the ship body through the shaft line;

- pressure variations sent through the aft mirror while it’s submerged,

- forces and momentum acting on the rudder and bearings of the shaft line.

The most important ones are, for the present study, are the excitations sent to
the shaft line. At the base of force variations and transferred momentum by the
propeller to the shaft line the wake can be considered, this being the environment
specific to the propeller. This phenomenon, as the cavitation one, leads to increased
variations in pressure amplitude on the aft mirror of the ship hull.

The propeller sends variations of these three forces to the shaft line, as well
momentum along it, around the axis system presented in the 3.7 figure. From all of
these, according to the type of vibrations specific considered shaft lines in the 3.2.1
paragraph, only the thrust force variations and for the torsion momentum will be taken
into account for this study, thus, only the forces along the Oz axis. The calculus
methodology of these forces will be presented in a detailed manner in the 4.3.3
chapter. That is why certain considerations on the main parameters that have an
influence on the level of vibrations induced by the propeller to the shaft line of the
main propulsion engine:

- disc ratio — this influence depends on the propeller blade number; the
chosen number of blades will be done upon an wake analysis and an
analysis of the level of risk regarding the occurrence of several types of
vibrations of the shaft line;

- propeller blade torsion — a very efficient method used to reduce the level

of excitation sent to the shaft line;
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- propeller blade number — this has to be done depending on the main
engine number of cylinders and in order to prevent the resonance effect the
blade number will not be a divisor of the number of cylinders;

- the wake — the total number of shapes on the water surface from the aft
area, in this manner the multiple harmonics of the wake phenomena
depends on the shapes of the aft region, more aviated forms leading to a
reduced level in unevenness of the wake generate by the ship;

- cavitation — as long as this phenomena does not reach a forbidden level
that can lead to propulsive efficiency decrease it can be affirmed that it has

a low influence on the excitations sent by the propeller to the shaft line.

Figure 3.7: Forces and momentum diagram generated by the propeller on the

shaft line
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3.4 Sea effects induced vibrations

If we consider the action of the hull on the body (hull) of the ship as a source
of continuous excitation that can generate vibration phenomena of its structure, it can
be stated that the main focus might be set on background vertical vibrations of the
ship.

According to the actual orientation in ship design two types of this kind of
excitations can be defined: the whipping excitations and the springing excitation.

The whipping phenomenon, which is the most studied one, is the result of the
impact generated by the hydrodynamic shocks applied on the bottom of the ship in the
bow area. The occurrence of this phenomena is owed to the navigation process in
hydro-meteorological conditions which allow the relative motion of the bow being
sufficient in size to generate the mentioned impacts. Out of them the most important
ones will be defined as above:

- slamming — when the shock is occurs in the plan area of the bottom of the
ship, especially when the bow of the ship emerges and submerges (as
shown in the 3.8a figure);

- slapping — when the shock is generated above the bow area, without
submerging back in the water.

Approximating the effects of slamming and slapping can be done in an
analytical manner or by using measurements in the test basin, but both the methods
have a certain amount of doubt. That is why it is impossible to consider the influence
of these forces in the design stage.

The springing is the second main type of excitation mentioned and it is
generated by the hydrodynamic forces generated by the hull and corresponds with a
phenomenon that assemblies the vibrating stage of any ship (as shown in the 3.8b
figure). This is generated when its own hull frequency, vibrating according with the
first method of vibration (out of the two existing ones), is being placed in the
frequency range occurring at the junction between hull/ship ratio if the energy spectral

density for the hull is high enough.
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Dimensional approximation for the developed mechanical loads can be done in
an analytical manner. In this way the spectral method of linearizing equations must be
remembered because this shapes the phenomenon, allowing the usage of transfer
functions, as well as realizing the spectral calculus with the same reserves regarding

their own excitations, also mentioned in the case of the whipping phenomenon.

The lowered rate of the preciseness in the case of approximation methods of
excitation forces along with the lower level of information regarding the hull shape
influence on the level of these excitations don not allow a precise formulation of some

sort of recommendations on means of preventing whipping and springing effects.

Even if the influence of sailing conditions on the whipping effect is very
important, a way to prevent it in the design process can be made in an approximation

manner based on the following considerations:

- generating slamming or slapping through the over-dimensioned plate or
“U” shape from the projection stage for the bottom shape of the shape and

over-dimensioned steeps for the hull;

- keeping a constant value for the draft in any sailing conditions at a

recommended level;

- as much as possible the avoidance of using a bulbous bows.

The phenomenon depends as well on ships length and, in some particular

cases, on the ships speed.

Regarding the springing effect there is no possibility of reducing its effects
because this phenomenon depends on the length of the ship as well as cargo
distribution onboard and the amount of the ballast used.
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Figure 3.8: Highlighting the vibrations excitations induced in the ship’s hull

Generally these phenomena are correlated with the relation between value
level of the first frequency of vertical variations and one of the major components
from the hull spectral range. Thus it is obvious in the 3.9 figure and on its basis the
highlights the influence of the ship’s length between perpendiculars, Lpp, on the
whipping or springing occurrence. It can be noticed that for ships with a lower overall
level in comparison with the hull length the submerge risks are much higher, that is
why the importance of the bow’s shape influences the occurrence pf the whipping
phenomenon. The springing phenomenon exists at any level but is more obvious when
its own first frequency is much similar with the major component of the hull’s spectral

values.
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By reducing the value of speed these effects can have a lower occurrence
chance and by modifying the course of the ship has the same effect on these

phenomena.

For whipping, by using the appropriate quantity of ballast water the draft in the
bow part increases and the risk of whipping reduces. For springing, by modifying the
cargo distribution onboard the occurrence chances can be dramatically reduced. A
vibration analysis on the generated bodies by the excitation sources previously
mentioned leads to the categorizing the vibrations as it follows:

- local vibrations;
- assembly vibrations;
- hull vibrations.

In the first category vibrations exciting a structural element (such as frames,
panels, plates, transverses, bulkheads) are included having a dynamic behavior with a
reduced influence on the additional elements.

The second category includes vibrations with an important effect on main parts
of ships structure such as: deck structures, aft part, the hull itself etc. All these
structural elements form an assembly. In the 3.10 figure vertical and longitudinal

vibrations are being presented for deck structures.

The last category includes a series of vibrations acting on the hull itself, this

being the most important category:

vertical bending vibrations;

transverse bending vibrations;

torsional vibrations coupled with bending vibrations;

longitudinal vibrations.
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Figure 3.9: Ship length influence on the whipping and springing occurrence

Generally the hull’s vibrations are increasing in the moment it is obvious that

the resonance between the frequency of the hull and the frequency of the excitation
really exists.
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Figure 3.10: Vertical and perpendicular vibration occurrence diagram on

deck structures

Figure 3.11: Vibration modes in the case of the ship’s hull

In the above figure, 3.11, five ways of generating vibrations on the ship’s hull
are being described, the last mode being influenced by the vibration modes for all over
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deck structures, on decks, on the double bottom deck, on the propulsion system and on

the cargo.

3.5 Hull-main engine dynamic interaction

Alternative and rotation motion masses for each engine mechanism generate
periodical forces with 1% and 2" order in each individual cylinder. For all engines
with an usual number of cylinders the vectorial resultant of these forces is zero (as
presented in the 2.3.1 paragraph).

These forces are called free forces even if they have a zero resultant value and
they generate some unbalancing moments called free moments. Mainly, for a marine
engine only 1% order and horizontal moments are taken into consideration, My and

Min, as well as 2" order moments Moy (as presented in the bellow figure).

Figure 3.12: Free moments diagram acting on the marine engine

Free moments can be reduced by selecting an optimal combustion order, but
even this is achieved, these free moments will still have an influence on the torsional

and axial vibrations, in the same manner as the internal an lateral moments. For all
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engines with a large number of cylinders only the free vertical momentum is taken
into account, while for propulsion system with only four cylinders the 1% order free

moment will also be taken into consideration in an additional manner.

These free moments can generate vibrations on the hull when one or more

from the following conditions are reached:

- excitatory harmonic frequency is close in value with the one of the ship
(resonance). This condition depends on the structural feature of the hull
and the way the cargo is being distributed onboard;

- free momentum act near a cluster of the own hull vibration (as seen in the
3.14 figure). This condition depends on the position where the main engine
has been installed onboard;

- the amplitude of free unbalancing momentum overrides the influence of
the hull’s structural amortization and this amplitude depends on the bore

size and the combustion order;

In case of engines with a short shaft line and with a small number of cylinders
the engine has to be placed near the first aft cluster of its own vibration mode
generated towards the hull. If the excitation frequency and the hull self-excitation
frequency are close in value balancing measures have to be taken. The solution can be
the generation of an additional free moment in every mentioned case, but this moment
has to be the same in frequency as the engine’s free moment, but with a different

phase.
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towards the hull vibration behavior
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Free moment with a 2" order is being lowered in an usual manner for all
modern main engines and this is being achieved by fitting equalizers with balancing
masses (or counterweights) and the most common type is the Lanchester type, at each
end of the engine. This counterweights actually spin at a double speed of the
crankshaft. If the cluster of the own vibration mode is the same with the one of a
counterweight then it is enough and safe to use one single counterweight (as shown in
the 3.15 and 3.16 figures). The devices have certain advantages and the main one is
the fact that the excitatory unbalancing is being dealt with straight at its source.

The generating solution of an equal moment, but with an opposite phase can be
realized by using an electrical driven 2" order equalizer which can be fitted in the
rudder control room (as it can be seen in the 3.17 figure). The electrical engine
rotational speed an phasing the compensatory moment have to be set on direct
correspondence with the rotational speed of the main engine and have to be control
with their evolution. The advantage of this sort of electrical equalizer is that it is
always available for controlling and setting, but the main advantage is represented by
the high price. It can’t be used to compensate free moments, a specific feature for

marine slow turning engines.

1% order free moments, M1y and My are generated by the same vectorial sum
of free forces of masses having a rotation motion and of those with an alternative
motion. These moments and forces act having an equal frequency with the one of the
crankshaft. The highest values is being recorded in the case of four cylinder engines,
in comparison with the engine with a higher number of cylinders.
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Figure 3.16: 2" order vertical moment balancing through a compensatory device

For most ships the frequency of the own horizontal vibrations is higher than
the one of vertical vibrations.

That’s why the situation of hull simultaneous resonating vibrations generated
by My and Miw momentum is extremely rare. If this situation, in fact, occurs the
specific component of the 1% order free moment can be totally compensated in the
plan it acts and this can be done by fitting some counterweights with the purpose of
not totally reducing the effective amplitude of this free moment, but it modifies its
phase, thus the unbalance in the other plan can be reduced and this technical feature
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can be accepted if the unbalance stage is not critical. In these rare cases in which the
resonance is generated in both components of the free moment with an 1% order the

unique mass using balancing solution is not suitable.

On the other hand effective counterweights are being combined with other
counterweights that have an opposite rotation direction, at the same rotational speed,

the 1% order unbalancing compensation will be cumulated.

Electrical :
compensatory |
\ device |

LIl

=

Figure 3.17: Electrical compensatory device operation

In the figure 3.18 the balancing solution is being presented for all free
moments with 1% and 2" order obtained by including additional Lanchester
counterweights at a compensatory device. In this manner even marine engines with
major disadvantages, mainly the ones with four cylinders, can be perfectly balanced,
thus the risk of exciting vibrations on the ship’s hull by free moments can completely
avoided.

134



Figure 3.18: Simultaneous balancing diagram of free moments with a 1%t order

and a 2" order for marine engines
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4. SHAFT LINE DRIVEN BY MAIN ENGINES VIBRATIONS

From the category of dynamic phenomena generically presented in the
previous chapter, the outmost important dynamic phenomenon will be presented in the
actual chapter, this being about the complexity of vibrations in shaft lines driven by

marine engines

4.1 Free vibrations of marine engines shaft lines
The study of individual vibrations acting on engine shat lines is absolutely
necessary to be done before doing any kind of study that has the subject represented
by the real phenomenon itself, this being represented by the coupled vibrations that
occur in the shaft line. Current study methodologies of the three types of basic free
vibrations, torsional, bending and axial can be seen as an analysis for the excitations
sources for these vibrations in order to establish the value of true forced vibrations.

This aspects will be studied in this fourth chapter included in the present study.

4.1.1 Free torsional vibrations
The first stage in the study process of torsional free vibrations is represented
by the calculus of own pulsation regime and the vibration modes. In order to solve the
complex issues generated in such a study for this type of vibrations we have to start
from the 1.18 figure and the motion equation itself noted as 1.10, aimed at the entire
system including an engine drive and a disc driven by the crank. The motion equation
for this type of system is:

Op= —M-M; (a1

in the above equation 6 is the rotation angle of the disc, having an mechanical
inertia. moment J», while M is the stationary moment that acts on the opposite

rotational direction (the opposite moment from the previous mentioned diagram). It
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can be assumed that the mono-cylindrical and the mentioned disc are connected
through an flexible area without torsional rigid mass C. In this case the engine

momentum M is:

M=C(,-6,), (4.2

where 6: represents the torsional motion of the crank. By introducing this last

value in the last value of 1.110 equation the following equations systems are obtained:

] (61)6;1 + C (61)67 + CH; — CO, = —p(61)Apcyp(61)
] (62)62 - C91 + Cez = —M

(4.3)

The first equation in the system above is not a linear equation with variable
terms, while the second one is a linear equation with constant coefficients. The means
of solving this equation system is by approximating the previous motion equations for
which the usual calculus technics can be applied relatively easy as it results from [70]
and [91]. In this purpose two main stages have to be passed through:

- The annulation of the variable coefficients;

- The annulation of all non-linear terms.

The first variable coefficient is J(61), representing the general inertia moment
(1.106), for which the medium value applied per cycle will be used and this being
defined as:

1%do, |
Jo=| = [ |
NEESIRE

This mathematical integral has a numerical solution. The second variable
coefficient is the centripetal stiffness (1.106) which is a part of the non-linear term
along with the part of the analysis carried on. For an engine operating at a constant
rotational speed the speed of the vibrating movement is, in fact, a small part of the
angular speed, thus the coefficient of the centripetal coefficient ¢#1 can be replaced
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with the square value of the angular speed, w? Thus, the first term, the centripetal
coefficient becomes a function of the rotational angle #:. In the previous hypothesis,
regarding the constant motion, this variable can be replaced with the first relation
mentioned in the 1.1 formula table: wz = . Thus, the centripetal coefficient can be
transferred in the right member of the motion equation and, by doing this, it becomes
a time function. The same considerations can be done for the inertia pressure force,
thus the entire right term of the equation is only a time function, this modified

equation becoming:

{] (66, +C(8,) — CH, = _p(wT)ApCWp (6,) — C(wr)w?
]92_C01+692= —-M

(4.5)

It has to mentioned that the linearized motion equations contain in the right
member the formula for the applied equation in the case of the crank, this being
represented by the gas pressure force multiplied by the piston speed coefficient (1.3),
as well as the variable inertia force (as shown in the 1.120 equations) which can be
applied for the entire mechanism through the centripetal coefficient.

The equation system has a set of solutions that are, in fact, the answer for the
free torsional vibrations solutions, thus the solution for these vibrations will be

homogeneous as the one presented below:
A 0]{012} c —C1(61 ]\ _ (0
< 0 JllezS " [—c c] o, )~ {o} (4.6)
the solutions for the above equation can be rewritten as:

el _ ®1 "ot
0 [~le. e, (A7)

in the above equations ® is the own vibrating frequency, i° =+/—1, while 0,
and O, are the values for vibratory motion values for the two mentioned discs. These

solutions are introduced in the (4.6) equation system and lead to the following solution:
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and this represents a two equation system which are linear and homogeneous,

with the following different solutions, but only and only if this calculated determinant
has a null value:

C-0’J, -C

=0 4.9
-C C-0’J, 49

or:

[0 J, -C(J,+J,)]=0.  (4.10)

Further on the values of the won frequency regime will be:
o, =0
C(J,+J,) (411)
’ JlJ 2

The first equation corresponds to a rigid system. If these values are replaced in
the equation of motion homogenous system and if the amplitude of the first disc gets
an arbitrary value (usually unitary) the vibration mode is being obtained with and 1%

order attribute (with a single cluster):

®) [ 10
®2 - - JI/JZ (412)

After presenting this simplified bidimensional model the next stage is to
calculate free vibrations of a n-dimensional system, which simulates the shaft line
which is being driven by the marine engine. The crankshaft has a complicated shape
that is why it will be replace with a simpler model, a straight fine one, which is an
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equivalent of the real shaped one. In this manner an oscillatory equivalent system will
be obtained and it is being formed from flexible elements without mass which are
being bound by a series of discs and, on them, mechanical inertia momentum are
being focused, that are being reduced at the rotation axis of the bends along with the
other engine elements that have a certain type of motion (such as reciprocating rods,
flywheel used to even the rotation motion of the crankshaft and the propeller) that can
be calculated by keeping in mind the water adherent masses [7], [14] and [43]. In the
same manner this elements can be calculated by applying an experimental method.

For this, the equivalent oscillatory system of the shaft line driven by the
marine engine (as shown in figure 4.1a) has been calculated by applying the reduction

equation called BICERI [89], with its representation in the 4.1b figure. By
symbolizing the vibration angular amplitude with ®, for an j order disc, with J [Nms?]

the mechanical inertia moment for this disc, with C [Nm] the torsional stiffness for the
flexible area between order j and j+1 which is considered massless, the dynamic

balancing equation will become:

Jj¢j+cj((|)j - (I)j+1)- Ci»l(d)j-l- (I)j)zo' (4.13)

If we include the J index in the 1 — n variation domain, keeping in mind the
fact that we have n-1 flexible areas between the n discs we can specify the fact that
(4.13) equation represents, in fact, the motion equation system for all discs included in
the system. If we consider all system solutions have a harmonic form, by introducing
them in the (4.13) equation a homogenous n equation system is obtained with n

unknown solutions, ®, being a system with a compatibility that represents an algebraic

equation with a 2n order in the wo solution. This the own pulsation regime can be
calculated. In order to solve this equation, in this stage, the Holzer — Tolle method has
been applied [67], [91] and this is consisting in the iterative minimization of the residual

momentum in order to verify the condition of generating free torsional vibrations:

2. Jm,=0.  (@414)
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The tables below, 4.1 and 4.2 represent the calculus for the above stated and at
their bases the vibrations modes have been represented having | and Il order for the
exemplification of a Sulzer RND80 main engine with six cylinder in a line
configuration with a 17400 HP and a nominal rotation speed equal to 122 rpm.

Table 4.1: The calculus of the 1t order torsional vibration

Disc u s
number | 3, [Nms?] | o, [rad] c,[10° Nm] ;ij&
[10° Nm]
1 8290.0 1.0000000 1.156870 178.107
2 8046.2 0.9846043 1.156870 384.316
3 8046.2 0.9544958 1.156870 513.319
4 8046.2 0.9101243 1.156870 670.653
5 8046.2 0.8521530 1.156870 817.964
6 8290.0 0.7814480 0.723536 957.146
7 4293.9 0.6491606 0.078441 1017.033
8 73120.0 | -0.6473968 - 0.000
Table 4.2: The calculus of the 2" order torsional vibration
Disc S
number | 3, [Nms?] | e, [rad] c,[10° Nm] ;JJM@"
[10° Nm]
1 8290.0 1.0000000 1.156870 2909.840
2 8046.2 0.7484730 1.156870 5023.726
3 8046.2 0.3142214 1.156870 5911.170
4 8046.2 -0.1967409 1.156870 535.552
5 8046.2 -0.6596730 1.156870 3492.430
6 8290.0 -0.9615592 0.723536 694.447
7 4293.9 -1.0575388 0.078441 -899.459
8 73120.0 | 0.0891297 - 0.000

The obtained results for the self-pulsation regime are ®, =46.351 s*and ®,,

=187.351 s*. Based on these results the first two vibrations modes have been calculated,
as shown in the 4.1c figure. Analyzing the vibrations modes it can be observed that the
first mode has the first cluster with an O, order at the middle of the shaft line, while the
second one has the first cluster Oy 1 at the middle area of the crankshaft and this, in fact
means that the two halves of the crankshaft have and opposite phase vibration regime,

but second order also generates vibrations on the screw shaft, near the propeller.
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Figure 4.1: Free torsional vibrations for the shaft line driven by de Sulzer 6RND90
main engine: a —shaft line; b — equivalent oscillatory system; ¢ — self induced 1

order vibrations

The calculus for the forced torsional vibrations, including the attenuated ones, the
torsional vibrations amplitude spectrum, the additional tensions diagram passing through
the shaft line and the comparison with the restrictions imposed by the naval classification
societies, as well as the critical rotation diagrams for the previously mentioned engine
have been presented in the no. [17] reference. All these have been done by applying the
Holzer method (as specified in the 4.3.1 paragraph).
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That is why this paragraph will be ended by calculating just the self induced
torsional vibrations for the shaft line driven by the main engine, and after, an unitary
presentation of the excitation source analysis for each individual type of vibration will be
done in the second part of this fourth chapter, a rigorous calculus being done, based on

the matrix methods.

4.1.2 Free bending vibrations
According to reference no. [91], due to the complicated construction of the
crankshaft, the real mass is being replaced with a reduced mass, mr, which can be
calculated by applying the kinetic energy equality condition:

n

ijY?
m=—, 4.15
Y (4.15)

in the above equation the following notations have been made:

- m;j is the mass of all elements for which a meshing has been done;

- Yjis vibrating motion amplitude corresponding to all m; masses;

- Y, is bending vibration amplitude.

The calculus for the y; deformations is possible by applying the 4.2 diagram in
which a crank is being loaded in its median plan with a F force and is being leaned on
its extremities. It can be noticed that the situation is identical with the one in which the
crank would be fixed and imbedded at the level of its median plan and the
deformation towards the force are identical with the force acting on the reaction of
these one, thus F1 = F/2.

The needed value of yrin order to proceed with the calculus can be determined
by applying the Castigliano theorem [26], [91], [89], which states that M1, M2 and M3
are bending momentum applied on the three constructive elements of the crank, while
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I1, I2 and I3 are their inertia momentum, while E is the elasticity mode for the material

from which the crankshaft is being made of:

"M, OM, TM,OM. ., M:OM:;
Y. =Y. = | dz+ + | . (4.16
!EllaFl £E|26F1 !ElaéFl (4.16)
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Figure 4.2: Equivalent oscillating system diagram for one crank

The bending momentum that act on the elements in the components of the

crank, along with their derivatives are generated by the following expression:

aMl aMz aI\/I3
M1: Fu—;M2:|1F11—:|1;M3: |1+Z Fll—:|1+zl 417
TS OF. Urare o (@47
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Figure 4.3: Dimensions for a crank fitted on the Sulzer 6RND90 main engine

The inertia moments of these elements are calculated on basis of the
dimensions presented in the 4.3 figure.

Taking into account the increase stiffness for a crank in the joining area
between bearings and arms [91] is being done by reducing the quotas of the bearing’s

length, the same thing being applied for the crankpins with the following dimensional
values:

8.=h/3;8,=d,/2, (4.18)

The values are in the same note as the above presented figure.

Thus, the (4.16) equation then becomes:
Yr:E{(Ll-Sz) + |1(|2_28y)+ |3'81)

2 (|3-82)
1+ 1\137 0 +
E 31, L [E+1.(1.-8.)

F 3

1}, (419

Numerical speaking:
- Yr=7.30735 x 10tF; and Y1 = 0.4840243 x 10Fy;
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- Y2=12.283857 x 10°MF4 % Y3=4.53947 x 10

Having these values introduced in the (4.19) equation the reduced value of the
crank mass will be my = 817 kg. Keeping in mind the dimensions of the shaft line
presented in the 4.3 figure the oscillating equivalent system can be obtained, being the
same with the one presented in the 4.4b figure.

The masses presented in this figure are:

- mi=A=ms=mrand my =my + m’y - the mass of the flywheel and the
mass of the shaft that supports the flywheel, concentrated in the mass of

the first element;
- mg - the mass of the intermediary shaft;

- Mg = Mme + m’y - the mass of the propeller and the screw shaft,
concentrated in the center of gravity of the entire system formed by these
two masses, being placed at a 21 distance toward the last crankshaft

support.

These masses have corresponding gravity forces expressed as:

Fj=mjg,j=1,_9. (4.20)
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Figure 4.4: Equivalent oscillatory system and the own modes for bending

vibrations in the case of a Sulzer 6RND90 main engine
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For the previous system, being formed out of nine masses all focused on one
single flexible framework with a neglectable mass, it can be considered that the
crankpins are not opposing the deformation forces acting on the bending side, while
the shaft line vibrates only supported on the ending bearings and that means that mass
elongations Yj(z), with j = 1 — 9 are generated by the framework’s bending feature
which occurs in a perpendicular orientation on the axis of the unchanged crossbar. The
influence coefficients for the entire system are symbolized by dij, with i,j=1 -9 and
representing the elongation of the framework in the i cross section and it is generated
by a force equal with the unity applied in the j cross section.

Using the Mohr-Maxwell method and the Veresceaghin method for the
calculus of the elongations, according with the 4.5 figure, we will have the following

calculus formula for the influence coefficients:

3 . . l
6i,-=Zm['ET‘d2=(81q1+szq2+33q3)a, (4.21)

For the dimensions previously indicated the following expressions will be

obtained:

— . _Ii(L_Ij)(ZLIi_IiZ-I?)
si,-—;siqi— oL : (4.22)

Thus, the same applie€for-thg) (Rldenced Eoeffitie ts:
ij —

6EIL <J

. _ iZ.(L—a}.Z > _ 12
dij = lJ(E[f ll%@6EiLIilLfOﬁLZL .ll) f0(4l2§)]
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Further on, by applying the effect overlapping principle, the elongations of the

two masses will be expressed by the following formula:

Y, =Y F3,, j=18. (4.24)

Noting the inertia forces acting on the motion masses with Fj, these will have

the following calculus formula:

Fi,:'mjyj, (425)

from the above formula, introducing it in the (4.27) it would lead to:

imj 8y, +v,=0,i=19. (4.26)

Written under a matrix formula, the system (4.26) can be written as:

(bl ={y}+}={0} (427

for which:

bl=[ssm], =[8]m}  (4.28)

Using the notations for the mass matrix and the influence coefficients will

have the following equivalent:

811 812 Tt 819 ml O e O

821 822 e 829 0 m2 o 0
O o ) R T O

5 8. - B 0 0 - m

91 92 99 9

Thus, the (4.27) matrix system becomes:

{y;} +d{y} = {0}  (4.30)
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in which [d] is, in fact the following matrix:

[d]=[]" =[m]"[s]" 3y

Considering that the vibrating motions for mi harmonic masses the
compatibility condition for the entire system will be obtained, having the 4.30 formula

as a reference:

det([d] -, )=0, (4.32)

this becomes a equation of value and vectors for a square matrix that can be
decomposed into a multiplier of triangle matrix, that is why, this equation can be

solved by applying the matrix iteration method.

Considerable vibrations in its own modes, these having the 1% and 2" order
have been presented in the 4.4c and 4.4d figures, these being calculated on the basis of

the values of the results presented in the 4.3 table.

Table 4.3: The calculus of 1 and Il bending vibrations modes

[Massnumber |  mifkal [ zi[m] [ Y[l [ Yui[] |
| 1 | 817 | 0.825 | 1.0000000 | 1.0000000 |
| 2 | 817 [ 2.475 | 2.9677254 | 2.9123939 |
| 3 | 817 [ 4.125 | 4.8365882 | 4.5661747 |
| 4 | 817 [ 5775 | 6.5434115 | 5.8025441 |
| 5 | 817 | 7.425 | 8.0240385 | 6.4818916 |
| 6 | 817 [ 9.075 | 9.2161028 | 6.4889013 ]
| 7 | 9796 [ 10.725 ] 10.0587390 | 5.7353914 |
| 8 | 27888 [ 14.025 | 10.4904310 | 2.0815935 ]
| 9 | 42144 [ 19.800 [ 6.9697096 | -4.5020608 |

151



mi [ m

) —1J
li
lj "
o | Jad Sz ™ [S3 {
< T \Y 5 3 =h
TC1 &
2
2g4 \L_/./ - s
2ca .
Z'ca ’
. 1
i1
1\ !
fﬂj
lj
L '
J J
T ===
m
_ LMMMLL L

Figure 4.5: Influence coefficients calculus diagram

zj represents the distances from the m; masses to the first support from the left
side, while Yj; and Yy are the relative amplitudes towards the amplitude of the first
mass, for all 1 and Il modes of vibrations. The self-pulsation obtaining by applying
these formulas are m0=10.76469 s and wo1=49.98786 s*.

The process of calculating bending deformations for the crankshaft, being a
supported in multiple points on the bearings from the crankcase, is being influenced
by an approximation degree, that is why a calculus of the forced vibrations is not

usually undertaken. In order to avoid dangerous situations that can be generated by
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bending vibrations it is needed to seek to avoid resonance generation with strong
radial excitation forces. In this purpose the construction of the crankshaft is being
stiffened as well as in order to highlight these resonances outside the range of rotation

speed in which the engine is functioning.

Critical rotation speeds have been analyzed on the basis of torsional vibrations

as it was shown in reference no. [17].

4.1.3 Free axial vibrations

Axial vibrations of shaft lines have an origin in the axial vibrations of the
crankshaft and the variations of these forces generated by the propeller thrust, as in the
case of torsional vibrations through the so-called coupling phenomenon, this one being

presented in a detailed manner in the 4.4 chapter of this study.

In order to study the free axial vibrations using an analytical manner the shaft
line of the propulsion system can be replaced with an equivalent oscillatory system
which is formed by flexible masses and elements with dynamic features that allow us
to approximate the real system as stated in references no. [16], [56] and [103]. The
masses that interfere are the propellers weight, axial bearing and shafts. All these
masses are coupled by using flexible shafts, as presented in the 4.6b figure.

It has to be mentioned that the study of axial vibrations on shaft lines driven by
marine engines is an issue that started to seem interesting for more and more marine
users due to the excessive vibration level that can be achieved. The most recent
problematic aspects haven’t been an target for most naval classification societies and
the level of this category of vibrations is being seen as a superficial issue [103], the
data being incomplete, but every now and then the data is studied and delivered on
request to the final users for a certain type of engine or for a known shaft line
geometry.

If for the meshing of the shaft line in mass elements coupled using flexible
areas a similar method is being used as in the case of bending vibrations study, the

suggested meshing method in the no. [58] and [103] references, tell us that the method
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applied for the calculating the specified axial areas doesn’t not contain any relevant

information.

That is why, for the study of axial vibrations the starting point is represented
by the study of crank deformation, this being analyzed in the same manner as the
situation in the 4.2 figure, but this time the crank has a load applied consisting of a

two axial force system F, applied at its ends.

To this purpose, the crank is being considered as an element of the crankshaft
being supported by the two neighboring crankpins (as shown in the 4.7a figure), that is
why is being replace with to reduced masses m:1 = m/2, m being the real mass of the
crank, but these two masses are connected through a flexible area with the same length
(as shown in the 4.7b figure), this element being massless and having an unknown
axial stiffness.

The generated deformation by this force system in the cross sections in which
this fact is being applied can be calculated by applying the Castigliano theorem,
sustaining the idea that the bending deformation has to be calculated. The crank is
being fitted at the level of its median plan due to the symmetry of the load applied.
This time the fact that certain elements of the crank are influenced by compression
(element 1), others to bending (element 2) or simultaneous to both types of loads
(element 3).

In this manner the needed deformation is being calculated by applying the

Casigliano formula for each one of the three elements in the composition of the crank:

7,= Z 7., (4.33)

for which z is the axial vibration amplitude for the crank in the precise point of

the replacing mass and an arbitrary term has a generic formula:

VR I Y

= ds, 4.34
71 Bl oF ) EA OF (4:34)
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where M symbolizes the bending moment that acts on the chosen arbitrary

element mentioned above.

Further on N — represents the compression force, while Is and As is the axial

inertia momentum, also the area of the transversal cross section for that certain

element, E being the longitudinal flexibility module for that type of material. In the
(4.34) formula it has been kept in mind that in the case of the bending phenomenon

the crank increased stiffness occurs in the region of crankpins fittings, by reducing the

length quota for the crankpin, for the bearing and for the arm with 6, and Jy values,

according to the (4.18) formula and the 4.3 figure.
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Figure 4.6: Equivalent oscillatory system and its own axial vibrations modes for

the Sulzer 6RND90 main engine
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Further on, it must be said that the values for the normal forces and for the
bending moments that load the three crank elements, as well as the formulas for their

corresponding partial derivatives are expressed as it follows:

Element 1: Ny = F; 22 = 1 (4.35)
. oM,
Element 2: M, = Fy; -5 =7 (4.36)
M, = Fl; o0 =
Element3: 3~ ~ "2 or = 72 (4.37)
N,
Ny=F, =1
oF

The axial inertia moments, as well as the areas of the cross sections which are
being taken into account while performing the calculus are given by the following

formulas:

bh®., _md..  _=nd;., _nds
L= LS AT T AT S (439)

where b is the average width of the arm [89]. In all the previous formulas, the
notations and dimensions for the crank arm are the same used in the 4.3 figure.
Keeping in mind the 2.22, 2.23, 2.24 and 2.25 formulas the 3.4 formula will

become:

11-82 12-28y 13-3;

__[j—dz+ j v dy+J'(I +X)dz]
__[ 027280 (8. | 1-8
A 3'2 |, As

The same deformation has been symbolized with z, and has to take place under

the load of the same force system F from the equivalent system presented in the 4.7b
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figure. by expressing this deformation depending on the axial stiffness K for the

massless flexible element from the equivalent oscillatory system will be obtained as:

o 4.40
2= (440)

By equalizing the 4.39 and 4.40 formulas the analytical expression for the
axial stiffness for a crank fitted on the crankshaft of the engine will be obtained:

K= > 3E - , (4.41)
2[|1'81+(|2' 6)/) +I2(I3-81)+|3-62]
A 31, I As

where the factor 2 from the lower part of fraction has been introduced due to
the symmetry of the diagram configuration of the crank and the type of support taken
into account for this consideration, that is why the total elongation for the entire
system on the axial direction will have a double value as the one given by the 4.39

formula.

On the base of previous considerations we can calculate the stiffness of the
flexible area between the two equivalent masses, this being the point where the bent
has been meshed: K = 4.33552*107 N/m. In this manner the oscillatory system from the
4.6 b figure has been generated, for which the masses are: my = m7 = m/2, while my = ...
= me = m; while mg has the same meaning as m7 from the previous paragraph, while mg
is given by adding the masses of intermediary shafts and screw shafts plus the propeller
mass, the las mass being focused in the mass center of the system containing all these
masses placed at a 4.21 distance towards the last support. m symbolizes the mass of a
crankshaft bent.
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Figure 4.7: Axial oscillatory system diagram for on crank

K7 and Kg stiffness are being given by the following formula:

EA
k=—, (442

in the above formula A is the cross area surface for the intermediary shaft, as well
for the area of the cross section of the screw shaft, while E is the elasticity module in the
longitudinal orientation. The |7 and I lengths are deducted from the 4.62 figure keeping
in mind the existent perfect analogy between the torsional vibrations and the axial ones.
For the calculus of the later ones doesn’t exist a special mathematical tool that is why the
one presented in the 4.1.1 paragraph has been applied. In this manner the mechanical
inertia moments have been replaced with mass values, while the torsional stiffness have
been replace with the stiffness of two areas between two consecutive masses. In the 4.4
and 4.5 tables the calculus results have been presented for the free axial vibrations,
according to the first two vibration modes. The relative amplitude has been symbolized
by z; this being done for the axial relative vibrations in the considered masses.
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The self-generated pulsations for the shaft line axial vibrations are: o, =18.167
st and, respectively o, =42.103 s, The self-generated modes are given in the 4.6¢c

figure. it can be noticed the axial vibration shapes resemble with the torsional ones, as
the nearest value of 1% degree self-generated torsional pulsations with the same one of
2" degree axial vibrations.

Table 4.4: The calculus for the I mode of axial vibration

Mass number m; [kg] Zi[-] ki [10’N/m] >meiz,

[107N]
| 1 | 7803 | 1.0000000 | 4.33552 | 0.25753 |
| 2 | 15606 | 0.9405988 | 4.33552 |  0.74201 |
| 3 | 15606 | 0.7694522 | 4.33552 | 1.13833 |
| 4 | 15606 | 0.5068929 | 4.33552 [ 1.39941 |
| 5 | 15606 | 0.1841135 | 4.33552 | 1.49424 |
| 6 | 15606 | -0.1608390 | 4.33552 |  1.41155 |
| 7 | 7803 | -0.4861192 | 9124.78200 |  1.28636 |
| 8 | 9796 | -0.4862602 | 971.89780 | 1.12915 |
| 9 | 700032 [ -0.4874220 | - | 0.00000 |

Table 4.5: The calculus for the Il mode of axial vibration

Mass number m;j [ka] Zi[-] kj [10'N/m] > moiz,

[107N]
| 1 | 7803 | 1.0000000 | 2.380953 | 1.38321 |
| 2 [ 15606 | 0.6809568 | 2.380953 |  3.26704 |
| 3 [ 15606 | -0.0072595 | 2.380953 |  3.06621 |
| 4 [ 15606 | -0.7798258 | 2.380953 |  0.00887 |
| 5 [ 15606 | -0.0894598 | 2.380953 | -1.82840 |
| 6 [ 15606 | -0.5677331 | 2.380953 |  -3.39900 |
| 7 [ 7803 | 0.2162563 | 9124.78200 | _ -3.09987 |
| 8 [ 9796 | 0.2162563 | 971.89780 | -2.72375 |
| 9 [ 700032 | 0.2139986 | - [ 0.00000 |

4.2 Excitations sources analysis for shaft line vibrations
The issue of correct analysis of all excitation sources for complex shaft line

vibrations is more and more requested, at least in the last years, once on the market a
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new generation of marine engines has emerged, and from here arises the opportunity
of undertaking this kind of study with the main focus on the force vibrations.

In the actual paragraph, in the first stage, an analysis is being done on the
classical source of shaft line vibrations which are driven by internal combustion
engines, these being in fact the tangential and radial components of gas pressure
forces, as well as the inertia mass forces which have a translation motion.

Marine slow turning engines have a propulsion particularity and this will be
presented in a special manner, especially when vibrations induced by the propeller in

the shaft line coupled in a direct manner with the marine engine.

4.2.1 Torsional vibrations excitation sources

Tangential forces acting on the crankshaft bent (as it has been shown in the
1.14 and 3.2 figures) are considered as being conventionally applied in the middle of
the shaft bearing and it is acting in a tangential manner, being multiplied by the value
of the crank radius R, this being the main excitation source for torsional vibrations of
the shaft line.

That is why, in the next paragraphs just the analytical formulas of tangential
excitation forces will be presented, understanding that for the torsional excitatory
momentum will obtain the same formulas multiplied by a constant dimension (in this
case the crank radius R). In this manner we could use the direct values of all tangential
forces in the process of complex vibrations acting on the shaft lines of marine engines.

The mathematical formula of this excitation force is:
sin(a+ )

0sf

in the above formula F, symbolizes the gas pressure force developed in the

T=T(a)=(F,*+F.) =T, +Ta, (4.43)

cylinder, Fa is the mass inertia forces with an alternative motion, while 6 and f are
crank angles, or the bending of the crank.
The component generated by the gas pressure force T, can be developed in the

following Fourier series
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T,=T,+2T,  (444)

In the following formula the mean value of TpO is given by the following

formula:

1.,
Tpo=T—L T.(a)da, (4.45)

its harmonic components with an k order are:

T, = A, coska+B, sinka, (4.46)

the developing applied coefficients are:

2,

In the previous formulas T, symbolizes the engine cycle period, being given in
the (1.100) formula.
The component given by the mass inertia forces with a translation motion has

the following formula:

T..=m.Ro b.sinka= B, sin ka (4.48)

in the above formula w is the crankshaft angular speed, ma is the sum of all
masses with a translation motion, while bk (as well as Bx) are harmonic coefficients for
tangential excitation generated by the inertial elements [91].

For a single engine cylinder with an random j order the tangential excitation
force will have the following resulting formula:

T.,= A, cosk(a-n;8)+(B,, +B,)sink(a-n;d). (4.49)
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with the module value given by:

|Tkj|=\/Apk12+(BPk,+Bak )2’ (450)

and the initial phase expressed as follows:

A,
0,, = arctan———-kn, 3, (4.51)
B.. *B.,

In the above formula ¢ symbolizes the off-setting between two consecutive
combustions, while n; is the number of angular off-settings which separates the
combustions between 1 and j numbered cylinders, keeping in mind the combustion
order (for an example: the Sulzer 6RND main engine has the following combustion
order: 1-6-2-4-3-5-1).

In the 4.6 table the developing coefficients for a series has been presented, the
first 12 harmonic components for the tangential excitation components , while in the
4.8 figure and 4.9 these variations have been presented towards the crank angle
according with the gas pressure components and the inertia of masses with a
translation motion.

Table 4.6: Harmonic coefficients for excitation tangential forces for a
Sulzer 6RND90 main engine

k | Apic[KNT | Bk [KN] Bak [KN]
1| 3012 753.4 48.9
4 1 -69.2 216.5 -0.8
5 [ -836 116.2 0.9
6 [ 717 69.1 0.0
7 [ -68.3 56.5 0.0
8 [ -635 49.9 0.0
9 [ -55.1 42.5 0.0
10 [ -45.3 24.6 0.0
11 [ -27.4 7.5 0.0
12] -110 -11.4 0.0
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4.2.2 Excitation sources for bending vibrations
The radial excitatory force is given by the following formula:
cos(a+p)

Z=Z(a)=(Fp+Fa)W—Zp+Za- (4.53)

Gas pressure component has the following formula:

Z,=20*%2 7 (4.54)

in the above formula the average value Zyo can be calculated in a similar
manner by applying (4.45) formula, thus the harmonic components will be calculated

by the following formula:

Z Pk = APk' COS k(x’+ Bpk' Sin ka; (455)

having the harmonic components A4 px and B'pk are similar with the ones
expressed in the (4.56) formula.

For the inertial component the following formula is being applied:

2,237, (456

for which the harmonic components are:

Z,,=m.Ro'b, coska =B, coska, (4.57)

in the above formula the harmonic coefficients are calculated using reference
No. [17], but these are not specified at all in the technical literature regarding similar
studies.
In the same manner as the analysis of excitations previously presented, the
excitatory radial force with an k harmonic order applied for the j cylinder will be:
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Z.,=( A,,kj'+ B.. )cosk(a-n,d)+ Bpkj'sin k(a-n,d), (4.58)

or, put in a more concentrated form:

7 =

K

sinko+¢, ) (459)

Z,

with the following module:

|z, 1= J( A, +B. )+ Bpkf, (4.60)

and with the following initial phase:

: A, +B
0, =arctan ———
B,

In the 4.7 table the values for the harmonic coefficients corresponding to radial
excitatory forces are being presented for the first 12 harmonic components, used as a
basis in the process of drawing the crank angle variation curves, as shown figures 4.10
and 4.11.

The radial force has a harmonic structure with the one previously presented
that mainly means that the crankshaft bending are the ones applied for the shaft line of
the engine.

It has to be mentioned that the harmonic analysis of tangential excitations, as
well as radial ones have been presented in the 4.2.1 and 4.2.2 paragraphs and this
presentation has been based on the indicated diagram lifted on the operating engine
functioning at a normal level, as well as the exact knowledge of all geometrical and

mass features for engine drives.
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Table 4.7: Harmonic coefficients for excitatory radial force applied in the

case of a Sulzer 6RND90 main engine

| kK | ApxIKNT | B [kN] | Ba[kN] |

| 1 | 15723 | 2039 | 1381 |
[ 2 ] 11561 | 4287 | 4503 |
[ 3] 6723 | 4572 | 1439 |
[ 4] 4042 | 3874 [ 101 |
[ 51 2524 | 3426 | 1.0 |
[ 6] 1561 | 2756 | 01 |
[ 7] 552 | 1435 [ 00 |
[8] 15 [ 1162 [ 00 |
[9] 334 | 86 [ 00 |
[10] -490 | 624 [ 00 |
[11] 498 T 429 T 00 |
[12] -427 | 252 | 00 |
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Figure 4.8: Rotational angle variation for the first 6 harmonic components of the
tangential harmonics generated by gas pressure forces for a Sulzer 6RND90
main engine
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Figure 4.9: Rotational angle variation for tangential excitation generated by mass

inertia for a Sulzer 6RND90 main engine
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Figure 4.10: The rotational angle variation for the first 6 harmonic components
of radial excitations generated by gas pressure
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Figure 4.11: Rotational variation angle for the radial excitation generated by
inertia forces
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4.2.3 Axial vibrations excitations sources

Naval propeller induced excitations analysis, shaft line main source of axial
vibrations, generated by the thrust bearing force variation, as it was previously shown,
represents an important stage the present study, being a particular features for slow

turning main engines.

The issue has been dealt with by applying the propeller swirling model due to
the complexity level of it, that is why a higher amount of attention has been given to
it.

The calculus of induce propeller excitations in the shaft line of a main engine
that drives it is being based on the swirling horse shows models from which Prandtl
has created the bearing line theory, this consisting in the idea of reduction of each
individual profile of an finite hydrofoil to a single throw point, so, by replacing the
hydrofoil with a single tied swirling, which is being placed on the point line equal
with ¥ of the local string ¢ of the mentioned hydrofoil, on the throw segment [-b/2,
b/2], as it is presented in the 4.12 figure. According with the elements presented in the
figure the swirling surface will be reduced, in this certain model, at a plane surface
that contains all the free swirls being considered reciprocating, as well as parallel, but
having an infinite upstream speed V and these elements are being deduced straight
from the value of the throw segment and stretches to infinite downstream. The study
of propulsive operation is based on the hydrofoil theory, thus, on the flow with a

profile round circulation.

According to this model a system consisting of a finite number of propeller
blades will be considered, each propeller blade could be considered as a resultant of
the spinning around the Oz axis for the finite hydrofoil, as shown in the 4.12 figure.
Thus, the propeller blade is being replaced with a tied swirls line, symbolized by &y,
interfering in reciprocal manner with the free swirls that are elapsed form the
freeboard, this being of two types: free transversal swirls, Qi and these have a
perpendicular axis on the throw swirl and free longitudinal swirls, symbolized by Q,
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with an axis parallel with the axis of tied swirls. Those two types of swirls are

generated by the propeller rotational force.

For the calculus of disc propeller induced speeds a propeller with a z, number
of propulsive blades will be considered and this system rotates with a @ angular speed
towards the Oxyz Cartesian axis system, the origin being the same with the propeller
center, while the Oxz axis has the propeller axis, according to the 4.13 figure. Thus a
P(x,y,z) random space point is being considered in which the value for the swirling
induced speed is being calculated using the Biot-Savart formula, mentioning the fact
that the propeller operates in free waters, the current being uninterrupted. | symbolizes
a random point on a dr1 element included on infinite thin line of free swirls. The
cylindrical coordinates for the | point are s, wtanf;, ¢, and the Cartesian ones are
defined by & # and £ A corresponding point J¢s, 6, 0) on the infinite element drp
which is thin infinite for the tied swirls around the j propeller blade. The Cartesian

coordinates of this point are: s sindj, s cosdj, 0.

e o
d/'
X — P Y
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A z
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/ |
0 t + -
\ 4
\- /
\ 7

Figure 4.12: Rotational model for the propulsive propeller
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Figure 4.13: Rotational model for the finite hydrofoil

The real functioning process for the propeller on the hull aft part takes place in
an ununiformed environment influenced by the hull itself. The propeller is being fitted
in the aft part of the shape, the ship’s body trace acts on it, and this was mentioned as
wake in the 3.3 paragraph. This phenomenon hasn’t been studied that much because it
always has a random complex characteristic for its motion. In the study of marine
propellers an important part is played by the starting phase of the wake, which acts on
the immediate vicinity of the hull, the area where the propeller is being fitted. Thus
the average flow speed in the propeller disc, symbolized by V* will be much smaller
than the V speed of the ship toward the infinite upstream point (as shown in the above
figure).

If we consider the swirling system as being connected to the propeller blade
given by the motion function 77(r,0), r being the current radius and @ the rotational

angle for the propeller functioning in an effective wake environment. The main
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components for the induced speeds are symbolized by ua and u. The angles
highlighted in the 4.14 figure are:

- p—ideal speed Vo angle with the plan of the disc propeller (pitch angle);

- pind — absolute speed Vr angle with the same plan (induced angle);

- i—resulting speed angle with the profile span (incidence angle);

- o —null lift axis angle with profile span;

- o —stall angle (profile positioning angle);

- oo — null lift axis angle with the disc propeller plan;

In these conditions the resulting absolute force will be calculating applying the
following formula:

VR=V+owxr+u (4.62)

The connecting formula between the modules of these speed values and
angles, in the case of a propeller blade element at the current radius r, will be obtained
at the junction between a coaxial cylinder with the propeller rotation axis and its own

disc, given in the following formula:

u, u tan B,
“+——tanP,, = fanp.,
V'V tan3

-1 (4.63)

in the above formula w symbolizes the average wake coefficient which is
calculated with the experimental methods mentioned in reference No. [10], depending
on the global characteristic of a bulk-carrier ship with a 55000 tdw capacity, a
common ship for the Romanian Commercial Navy fleet. These ships are usually fitted
with a Sulzer main engine mentioned in the previous paragraphs, for which the thrust
force is kept in mind while the ship is in operation through water with its speed V
being reduced and this phenomenon is created by the wake effect. The basic issue
consists in finding a model as real as possible. Thus, for the propeller operating in an
uneven flow, a circulation fluctuation has to be taken into account, as it has been
shown, defined by r radius as well as 4, known as the rotational angle, by generalizing

the dependency formula on a single variable, linear for the Glauret proposed
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circulation form, as mentioned in reference No. [43]. This allows us to generate the
following formulas for the induced speeds:

Oe) i go (4.65)
4an 05 -S

a—

in the above formula i and i are axial and tangential integrating factors, which
are approximated by applying Bessel functions using asymptotic functions, as noted in

the No. [6] reference:
S
Z, (;— 1)B2,f0rs >r

— 2z, (;—1)(1—B1)f0rs<r

as well as:
Zy, (%—I)Bz,fors >r

) (4.67)
—z, (;— 1) (1+B,)fors<r

it=

In the previous formulas the following notations have been made:

L (4.68)

stanB'Ho tanp

The resulting B1,2 coefficients from the previous developments have the

following formulas:

l+ 1 1 2 1
B.,= “0[ + _In(1+ )1, (4.70)
l+“« eszlz 2 Zp l H eszLz - 1

_ ;. 7y L 1 (\/1 b, - D(Y1+p"+1)
Al,z—+_(\/l+“ \/1+P~o)_ 2 (\/m*‘l)(m 1) (4.71)
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The limitations conditions that have to be satisfied by the circulations are:

rR,,0,)=T(R,.,0,)=0  (4.71)

hydrofoil axis

Figure 4.14: Elementary forces acting on the propeller

thus, for the integrating factors:

s
0, for;—>0

s Zp s

i = o

a tan g’ r

1, for §—>1

(4.72)

and:
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s
Zy, for;—>0
. s
[ = 0, -——o00
r

1, for 7;—>1 (4.73)

Further on the variable exchange will be taken place:

1 1
r:E(Re_FRB)-E(Re-Rb)COST
(4.74)

1 1
=—= e+ b)" < e~ Mo COSG)
2(R R.) 2(R Rs)

Thus the variation domain for r and s being [Ro, Re], the new coordinates z and
o Will be in the domain /0, =/, the first variable is defining the radius position for the
point for which the induced speed value is being calculated, while the two position for
the point for which the free swirl is being generated. Re and Ry are the radius values
for the propeller disc, as well for the radius of the propeller hub. In order to ease the

calculus the dimensionless values will be introduced:

6(s,0)= T&0) e Ry m
2nR V r 2(1-1)

e

(4.75)

the first notation in the above formula denotes the dimensionless circulation,
while the second one the dimensionless radius of the propeller hub. For the first
dimension the following variation law will be proposed, based on the previous

presented features:

G(ra)=G(c,a)=Y.G.(a )coska,  (4.76)

for the G, (0) coefficients the following trigonometrical sums will be proposed:

Gk(a)=igJSin jo. @)
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The integrating factors can also be developed in a Fourier set through the new

variable values introduced by the (4.74) formula:

i.(r0)=Y 1..(T)sinic. 4.78)

By limiting the radius domain value, as well as the sectioning ones for the
propeller blades taken into the calculus, rk and sj, due to practical reasons, at a 2n
number, as well by introducing the variable change from the (4.74) in the (4.66) and
(4.67) formulas we can say that the (4.78) formula is a linear system with a 2n number
of equations for the 2n values generated for 2i, having an equation system with 2n
unknowns, lat for each value of k = 1-n.

By introducing the integrating factors previously obtained in the (4.65)
formula, as the dimensionless circulation (4.75) and the new variables the formulas for

the induced speeds in the disc propeller will be obtained:

sini ’C
M_azzuw sinka, (4.79)
ke sin T
for which the ua: coefficients are given by the following formula:
£ k(k+1)

Uer, = (S:-801) 9,0 (1),8:= 2 = k=1,n.  (4.80)

with the values calculated in the (4.79) formula and the induced speeds, as

well as the hqt coefficients given by:

- Ji=1n-1
ho (7)= l s, (T) Ia‘ln_,(r.)l s
I (t),i=n.
thus, the (4.63) has the following form:
t
Z[h (t)+tanp,,h, (r)]smlf'Z(s -S,.)g,sinka S'ZT( ?;‘nﬁﬁ 1),

(4.82)
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the above formula is a n unknown equation, with gk and k = 1 — n. In order to
solve it the 6 coefficient takes the following value: 6 =0, and the r angle takes n
values (thus for the r radius), for which the g (pass ratio) angle values are calculated in

an according manner, as well as the values for the find angles (using the inductive

efficiency values 7ind):

tanp,, =V—r;taank =[@J M, =NM,,  (4.83)
or, .

ind

in the above formula #e is the influence coefficient induced by the hull and can
be calculated by applying the experimental formulas from the reference No. [43],
while 7o is the propeller efficiency in free waters (with interrupted flow), which is

calculated using the set of diagrams for the studied propeller.

In the same time the calculated coefficients for dimensionless circulation can
be calculated by applying the (4.79) formula, as well as the induced speed field, thus
the radius circulation distribution and the rotation angle can be calculated by applying

the propeller momentum formula:

M.= zppff(f,e)(v*wa)rdr:gzppv“ R.(R:- Ri)ll—gzppv“ R(R.-R,)" 1.

(4.84)

for which the integrative values have the following formulas:
h u.(t,0)] . n )
I, = jG(r,e 1+T sintdt=m, +>.m, sm(k6+(pmk ) (4.85)

and:

*

I, = IG(r,G)[H@} sintdt=m, +ka sin(k6+cpmk ) (4.86)

178



my and nk coefficients, as well as k = 0 — n are calculated by applying the
principle of dimensionless circulation coefficients and induced speeds by effective
solving the integrating equations above.
For this, we use the following notations:
&=2(1+r,)me-(1-r,)n
w,=2(1+y,)m, (4.87)
ve=(L-r),)n k=1,

Y, = 1, COSO,, - v,COSO,,
_ _ __ (4.88)
Sc=n,sing,, - v.sing,, ,k=1,n,

and:

L =v.t6
4.89
0, = arctan . (4.89)

Y«

as well as the additional notations:

M.==z,pV RI(1-7,)E,

N

_ (4.90)

M._=—z,pV Ri(1-1,)¢ k=1n.

Finally the resistant momentum formula will be obtained for the studied

propeller, as a Fourier development set. If we limit this only at the first n terms, this

will be expressed as:

M.=M.(a)=M,+> _M,_sin(ka+6,)=M,+> M.,. (4.91)

In a similar manner we can calculate the force variation for the thrust force

developed by the propeller:
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T=2,p[T(r0No r-u)r  (492)

or by applying the following development set:

T =gzppv*mRe(Rﬁ-Ri)ls—EZpPV*(DRe(Re‘Rb)Z 1= 2,pV " R (R~ R) 1
(4.93)

The above integrative equations are solved in separate manner, this generating
the following formulas:

|,= fG(r,e)sin wdr=3"a sin ko

0

.= [G(r.0)sin2ude=Yesinko  (4.94)

I :—%(Wﬁiwk sin ke)

for which the harmonic coefficients are calculating by applying the indicated
procedure for the ones specific to the momentum.

With the additional notations:

2

T *2 2
T0:_Zp V ReWo
4 P

nk:gZpPV*@Rz(l—rbz)ak

(4.95)
T . 3 —\2
Gk:ZprV 0~)Re<1_rb) €«
— TEZ w2 2 —
Sk_ZprV ReWk!k_lyn'

and with the resultant expressions for the module and the initial phase
expressed as:
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T =J(n.-c.) +9,’

— 4.96
@, =atan % k=1n (4.96)

nk-Gk

The harmonic analysis for excitations generated by the thrust force of the

propeller will be:

T=T(G):T0+2|Tk|sin(k9+q);):To"'iTk (4.97)

In the previous formulas p symbolizes the water density, while the harmonic

order Kk is a reference at the propeller rotation period:

2
T = Z—n (4.98)

p

For the presented propeller being driven by the Sulzer RND90 main engine for
which the free vibrations calculations have been presented in the for 4.1 paragraph,
having the propeller diameter equal to 6,4 meters and being fitted with 4 propeller
blades, tests have been carried out on the ship model at a 1:30 scale, in the cavitation
tunnel. The measurement section had a 3 meters length, water speed was 6 m/s. The
ship hull model has been made out form fiber glass enforced polyester and the
propeller model has been made out of aluminum. In this manned the distribution of
speeds in the propeller disc, starting from which the thrust force and the momentum
have been calculated by integrating these distributions. This method is purely
theoretical-experimental. The measurements also continued by calculating the
propeller induced excitations on the exact model by using a complex installation and
its diagram has been presented in the 4.15 figure.
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Figure 4.15: Measurement chain diagram for induced excitations by the

propeller in the shaft line

The components presented in the above figure are listed below:

1 — H-44 dynamometer;

2 — DA 3414 HBM amplifier;

3 — D 300 Kienzle printer;

4 — Switcher;

5 — HP-1220 oscilloscope;

6 — Dynamic analyzer for 2120 B&K specter;

7 — 2307 B&K recorder;

In the below tables, 4.8 and 4.9 the results of calculations made in the basis of
this analytical method have been presented, as well as the ones made on the model,
while the 4.16 and 4.17 figures present the variations of crank angle for shaft line
excitations induced by the propeller for the above mentioned engine, in comparison

with the measurements made on the model.

Table 4.8: Shaft line calculated excitations modules and phases induced by the

propeller

k m, | [KNm] P | Tl [kN] | o, [rad]
[rad]

1 21.52976 | 0.35145 | 31.42708 | 0.43692
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4.00369 0.72219 7.37728 -1.11682
3.75362 -1.19870 | 5.44444 -0.14334
1.47499 -1.12340 | 2.71710 -0.96497
0.92748 1.37264 2.34912 -1.33242
0.59780 -0.09851 | 1.21430 1.28976

[o2] [Sa] | B~ | [68] | [\S)

Table 4.9: Shaft line measured excitations modules and phases induced by the

propeller

k m, | [KNm] Po, | Tl [kN] | o [rad]
[rad]
2420741 | 0.83240 | 32.26122 | 0.47213
3.50012 0.80263 | 6.00541 | -1.46412
298531 | -1.10824 | 4.97780 | -0.25139
110025 | -1.15824 | 2.63916 | 1.05412
0.81088 115824 | 1.98251 | -1.05412
0.25452 | -0.10624 | 1.20045 | 1.29467

(2] | [Sa] E=N | [48] [hS) (o

The comparison between the measured and calculated variations for
excitations induced by the propeller in the shaft line of the considered main engine
towards the average value of effective dimensions is given in the 4.10 table.

The notations made in the 4.10 table are AT =T.,.-T.. and

AT =T o= T min-

Table 4.10: Comparison between calculated values and measured ones for
the propeller induced excitations

Load type Realized Recommended
Bureau Veritas | 1TTC'81
(AT)caic / To 5.22 % 2+-12 % 1-.5%
(AMe)caic / Meo 5.20 % 3+12 % 1-5%
(AT)mas / To 5.80 % 212 % 15 %
(AMe)m s / Meo 7.65 % 3+12 % 1+5 %

* The 16™ International Towing Tank Conference
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Figure 4.16: Graphic variation of thrust force depending on the rotation angle
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Figure 4.17: Graphical variations for the propeller momentum depending on the

rotation angle

Variations have been recorded for harmonic amplitudes with predominant
orders, k = 1 and k = 2, these representing 2.11% and 0.0004 % for propeller
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momentum, as well as 2.28% and 0.0005% for the thrust force towards the average
values of these dimensions, in comparison with the average values equal to 3.16% and
0.005% and 5.80% and 0.005% for the same measured dimensions.

It can be noticed that variations are very close in value for the results obtained
after the analytical calculus and the measured values, all values being in the range
recommended by the Bureau Veritas naval register [103]. This is a classification
society that owns one of the most important data base regarding the vibration field
onboard merchant ships.

Thus, the obtained results applying the analytical calculus can be considered a

basis for the next undertaken study.

4.3 Shaft line forced vibrations for marine main engines

The analysis of shaft line excitations for marine main engines previously made
allows the calculus of forced vibrations for these ones. Thus, tangential forces
stimulate torsional vibrations, while the radial ones stimulate the bending vibrations,
while the ones induced by the propeller mainly stimulate axial vibrations of shaft
lines.

The first two excitation types are generated in the hypothesis of geometrical
and mass identity of engine drives which are characteristic for each engine cylinder
and this hypothesis is currently being accepted because there are any significant
difference in real cases. Additional, presented methodologies take into account the
individual evolution of fluid engine in every cylinder.

The 3™ excitation category, the ones induced by the propeller in the shaft line,
have been calculated applying an analytical method with the condition of knowing the
geometrical and functional characteristics of the certain propeller. The main working
hypothesis applies the ideal flow characteristic taking into account that all swirling
nets are free and are helicoidally perfect in an upstream infinite domain, because they
override only the first area, where the propeller is being fitted. Using the shape
considered for the speed distribution and the flow model the fact that propeller is fitted

in the aft part of the hull is taken into account.
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In the following paragraphs, in the first phase the calculus of individual
vibrations will be studied, according with the one made in the 4.1 paragraph.

The undertaken study presents and important interest for the calculus,
numerical methods being applied for coupled vibrations of shaft lines, while in the 4.4

paragraph all excitation types will be applied for the propulsion system model.

4.3.1 Forced torsional vibrations for marine main engine shaft lines

For a start, the example of the mono-cylindrical engine presented in the 1.2.2
and 4.1.1 paragraphs, as well as the one presented in the 1.18 figure, will be used. The
system response at forced torsional vibrations are a practical solution for the entire
motion equation system as presented in the (4.3) and (4.5 ) formulas, obtained by
including the excitation term from the right part. If the 2" excitation term is constant,
in the first one two excitation sources will be included and these ones are generated by
the gas pressure effect and the inertial effects through the centripetal coefficient.

Thus, the first term will be expressed by the following formula:

p(wr)A, c, (07)=RT, = R(Tpo + iTpk j (4.99)

in the above formula Tpo is given by the (4.45) formula and Ty is given by the
4.46 formula. It has to be mentioned that p(6)= p(wt) factor is being developed in a
Fourier set as in (1.97) formula and it depends on the specific rotational speed and the
load applied on the engine. Thus, for a complete analysis of torsional vibrations the
harmonic coefficients presented in 4.2.1 and are variable depending on the operation

conditions.

As it has been shown in the 4.1.1 paragraph, the centripetal stiffness coefficient

has been linearized, being obtained by the right member of the first motion equation:

Cloto’ = RiTak (4.100)
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while Tak is given by the (4.48) formula, still with a harmonic sum. R remains
the crank radius.

Having in mind all these notations, the vibrating motion of those two discs that
are simulating the real oscillatory system will be given by the formula given in the
references No. [15], [25] and [94]:

0

0, :Z(ij cosko+D, sin kcor) (4.101)

k=1

The complete study of torsional vibrations on the shaft line is being presented
in a diagram manner as in the 4.1.1 chapter, by means of a multidimensional flexible
system which contains equivalent discs for engine drives, flywheel and propeller
having the purpose of calculating the own pulsation regime and own vibrations shapes
into the system. Keeping in mind the excitations generated by the engine and the
propeller, on the bases of the model presented in 4.18 we can calculate forced
torsional amplitude vibrations which can occur at different operational regimes.

The first stage, the one in which own vibrations modes acting on the shaft lines
are calculated, is being accomplished by applying the Holzer-Tolle method, that
allows us the calculate the excitation degree for certain harmonic elements for engine
momentum by expressing their capacity of generating torsional vibrations on shaft
lines. In this manner the own pulsation with a 1% degree has been calculated as wor =
46,351 s, which is very close to the valued measured during sea trials, as wor =
48,380 s*. The mentioned values are available for the same type of main engine kept
under surveillance, being the same one as in the case of free vibrations, a Sulzer
6RND90 marine main engine.

Oy symbolizes the relative amplitude of own torsional vibrations for all discs
simulating engine drives and 6 is the off-set between the excitatory momentum with
an k harmonic order acting on the j order disc and the torsional vibration for the first
disc, tied up in between by the following formula:

0, = ko, (4.102)
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in the above formula 6; symbolizes the angle between the crank with a j order
and the cylinder axis facing it. In this way the excitation degree seen as a dimension of
k order harmonic component for the engine moment will stimulate forced torsional

vibrations on the shaft line of the above mentioned engine as:

:\/(i@kjsin ekjj +(i@kjcosekj) (4.103)

this having a graphic representation in the 4.20 figure. In the previous
formulas, 1 symbolizes the cylinder number, while n symbolizes the total discs number
from the equivalent oscillatory system of the shaft line. On this basis forced torsional
vibrations for the free end calculus using the approximate energetic method [91] will
lead, in the first phase, to the angular static deformation given by the (4.104) formula,
in which wg, represents the own pulsation with an y degree, while J; are the
mechanical inertia momentum for all oscillating equivalent system discs shown in the
4.18 figure:

0..= _IM.JE M :|E: : (4.104)

(,00,,2 ZJ i ®k,

k=1

J7

t'7 {
1:200 Scale rSIL'
. Mic
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Figure 4.18: Equivalent oscillating system for Sulzer 6RND90 main engine with the

diagram of excitation momentum and all the compensations

Figure 4.19: Flexible disc-section element diagram from a flexible equivalent

oscillating system

From this representation, vibration amplitude at shaft line free end has been
calculated by applying the dynamic amplifier Ax mentioned in different methodologies

[91] with the following formula:

O.= AO,, (4.105)

the calculus formula being valid only for the harmonic component of the
engine momentum that can generate resonance in the operation regime range close to
189



the normal engine functioning regime: k={30}/nn =4, np being the nominal
T,

rotation speed (122 rpm). For all harmonic components of the engine momentum that
don’t act in the rotation range of the engine, the compensation effect can be neglected,
thus allowing the calculus for torsional amplitude vibrations to be done by applying the
Holzer methodology, as mentioned in the No. [89]. That is why the theoretical bases and
the calculus results for amplitude torsional vibrations which are forced compensated will

be presented by applying fast calculus methods, such as the transfer matrix method

[MMT].

34

0

123 45678910112 K

Figure 4.20: Harmonic order excitation variation degree
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The general motion for the entire equivalent system from the 4.18 figure can

be written as a matrix:

U6} + [§1{6} + [C1{6} = {M} (4.106)

according with the general equation (3.1) applied on the torsional vibrating
phenomenon. [J] is the diagonal matrix of mechanical inertia momentum which are
being reduced at the rotational axis, /& is the band matrix of all compensating
coefficients in the shaft lines, [C] is the torsional stiffness matrix for all sections
between two discs, {M} and {6} are the column vectors for excitation moments and the

ones for the torsional deformations.

If we isolate a random disc with a J order along with the flexible section
without a mass as shown in the (4.19) figure we will take into account the
compensation in the piston-cylinder group, in the crankpins of a single crank, as well
as the compensation on the flywheel and on the propeller disc and by applying the
experimental formulas form reference No. [91], the following formula will be

obtained:

0.2k +0.6 0.001 M
il = 0'01 o cil ’ la - | cil 7 vol = | vol 1 e = 30_% 4107
Fa, o, it G, 100 o, Jai T O et " ( )

where Jciij can take any value in the range 1 — 6, Jvo = J1, Meo is the average
momentum developed by the propeller and k is harmonic order, while n is the
propeller rotation (equal with the one of the engine). The values calculated are being
concentrated in the 4.11 and 4.12 table.
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Figure 4.21: Free end torsional vibration amplitude variation at a free end for

the engine with a harmonic order

The excitation momentum with a k order acting on the j disc has a similar
force equal with the one given in the (4.50) formula, multiplied by the value of the

crank radius R.
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Table 4.11: Mass and torsional stiffness characteristics for the equivalent

oscillating system

Disc Jj [Nms?] Cj [10°Nm] rj [Nms]

8290.0
8046.2
8046.2
8046.2
8046.2
8290.0
4293.9

1.1568
1.1568
1.1568
1.1568
1.1568
0.7235
0.0784

3842.5437 |
3729.5387 |
3729.5387 |
3729.5387 |
|
|
|
|

3729.5387
3842.5437
1 | 1990.2

| 995

2
3 66.3 |
4 497 |
5 3908 |
6
7
8
9

33.1 |
28.4 |
24.8 |
22.1 |
10 19.9 |
11 18.0 |

12 | 165 |
243909.84 |

73120

By introducing the term with the 1% order derivative in the matrix equation
(4.106) the calculus leads in an automatic manner to the extension of the Holzer
procedure in the complex plan, which can be algorithmised in an elegant and compact
way, by applying the transfer matrix procedure. The extension in the complex plan
also imposes the complex shape of simulating components for engine momentum, as

they are given in the above (4.19) figure, as it follows:

Mkj: Mije+iMkjlm’i:\/I’ (4108)
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for which the real and imaginary parts obtained by equation identification
(4.50) is written for a stimulating momentum by multiplying each member with the

crank radius, with the following formula:

M, = Re(M, e*), (4.109)

and they will have the following expressions:

M., = A, coskn,8-(B, +B.,)sinkn,s, (4.110)

as well as:

My, ™= Apk,-Sin knja-[Bpkj+ Bak) coskn; 8. (4.111)

Table 4.12: Compensating coefficients in the crankpins for engines
depending on the harmonic order

[ k | 1+ [ 2 | 3 | 4 | 5 | 6 |
| &g[Nms] | 1491.8 | 1864.7 | 2237.7 | 2610.6 | 2983.6 | 3356.5 |
I k [ 7 T 8 T 9 T 10 [ 11 [ 12 ]
I

gq[Nms] | 37295 | 4102.4 | 4475.4 | 4848.4 | 5221.3 | 5594.3 |

It has to be restated that in the previous formulas the harmonic coefficients are
proportional with the ones from the (4.47), (4.48) formulas and the ones from the (4.6)
table and that means that the proportionality constant is R, while ¢ and n; have the
same meaning as the terms specified in the 4.1.1 table.

For the calculus of forced torsional vibrations acting on the shaft line using the
transfer matrix method we shall highlight the point matrix and the field matrix for
each element individually according with the No. [15], [25] and [70] reference, as
stated in the following form:
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1 0 0 0 O
Jko) 1 -r. (ko) 0 -M{
Pl=l 0 0o 1 0 0 |@112)
rke) 0 -Jko) 1 -mM/
o o o 0 1)
and:
. c 5 _&lke)
CHE ko) C'+(E ko)
0 1 0 0 0
Fl =y __&lke) C 0 (4.113)
C*+(g, ko) CHE, ko)’
0 0 0 1 0
0 0 0 0 1

Thus, the following formula will be generated:

2] =[F]-R]-[2.] (a119)

for which [Z]P; is the status vector posted at the right side of the j order
element from the 4.20 figure, depending on the one of the previous element, with the
following formula:

T
i

[z]={eMFermrl),  (4.115)

for which T is, in fact, the matrix trans ponding operation.
If the (4.114) is being applied in a complex form, as being marked by the
above bars, the entire system specified in the 4.18 figure will have the following

formula;

2P=P) ([P 2l =)zl @
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The torsion momentum from the left side has to be null (the superior S order):

M, =0
or (4.117)

M=) =) o

L

the mathematical operations indicated in the (4.116) formula are considerably
reduced generating the calculus reduction for the second and fourth matrix column

from the [Pk]1 matrix.

In order to explain n order point matrix we will have to write the harmonic
component with a k order for the torsional momentum presented in the (4.91) formula

under the following form:

sin(z,k0+ ¢, ) (4.118)

M. =|M.,

in which z, is the number of propeller blades, while |Me| module and the
initial phase gex are given by the second relation form the (4.89) and (4.90) sets of
formulas, having the numerical values presented previously in the 4.7 table. In the
(4.118) formula, the harmonic order has been reported at the rotation period of the
propeller according with the (4.98) formula. This moment can be rewritten under a
complex form, similar with the complex formula of engine momentum (formula
4.108) and by identifying the (4.118) formula we can obtain the real and imaginary

parts of the harmonic component for the featuring propeller momentum:

{ M. = M.,

M. "=-|M.,

sing,,
. (4119)
cos g,

having this knowledge the n order point matrix has the following form:
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1 0 0o 0 O
ko) 1 -r(ko) 0 —-MF
[P).=| © 0 1 0 0 (4.120)
r(ko) 0 -Jko) 1 -MPI
0 0 o 0 1

The [BK] matrix from the (4.116) formula can be rewritten as:

b, -b. b
b, -b. b,
BJ=| b, b, b, | (a120)
b, b, b,
0 0 1

The right limiting conditions will be imposed (with a superior D index),

analogue as the ones from the (4.117) formula:

M, =0
or (4.122)

M) =(m,")

and these lead to a linear equation system with two unknown values:

Re _ bzk bsk + b4k bak

®lk = 2 2
bZk +b4k
bbb +b.b. (4.123)
®1k|m: 2k 28k 4; 6k
bZk +b4k

Thus the ®1R “and ©." components for the status vector [Z1]°, as well as the

total value of the torsional vibration amplitude for the first disc:
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0, = \/(@nje)z Ho."). (4124

The results for the 12 harmonics are being presented in the 4.21 figure, which,
in fact, shows the amplitude variations calculated through the MMT global method, in
comparison with the measured values during sea trials onboard as mention in the
reference No. [112].

The time variation mode can be calculated for the amplitudes by composition
after the following formula:

0,=Y (0" coskat-O" coskot) (4.125)

k=1

1Y

with the graphical representations in the No. [15] and [25] references, as in the

following figures.

The difference between 4.1 and 4.23 figures is represented by the spatial
feature, which is tridimensional for the last mentioned one: sections are being
obtained in which vibration amplitude has a minimal value. The calculus by applying
the matrix method avoids all simplifying hypothesis from the approximation
amplitude calculus generally used for practical applications, as mentioned in the No.

[67] reference.
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Figure 4.22: Amplitude time variation for torsional vibration: a — for the first
disc, b — for the last disc (the propeller); in the case of a shaft line fitted on a

marine main engine Sulzer 6RND90
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The presentation calculation refers to shaft lines directly fitted to the engine
that drives them. These are situations for which the propulsion system contains a
semi-fast engine directly fitted with a rotation reduction gear needed to reduce angular
speed needed to drive the propeller. Figure 4.24 extracted from reference No. [59]
shows the oscillatory equivalent system and the first six own vibration modes for a
marine propulsion system with two Sulzer 8ZA engines, with a four stroke
functioning, developing a 4500 kW (6120 HP) power at a 510 rpm nominal speed.
These engines fit an icebreaker type of ship with a propeller with a rotation speed

equal to 138,7 rpm, thus the transmission ration for the reduction system is 3.67.
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Figure 4.23: Torsional vibrations variations for shaft lines of a Sulzer
6RND90 main engine on harmonic orders equal to: a) k =3; b) k =6; c) k=9; d)
k=12
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Reference literature such as [67] and [91] show an even more rigorous calculus
procedure for this kind of shaft lines coupled to internal combustion engines using
mechanical transmission systems or simple or ramification shaft lines. In the same
time it is possible to use mixt solutions such as using a propulsion slow turning engine
cu a PTO-generator fitted on the shaft. The 4.25 figure presents this practical situation,
as in the case of the first three own vibration ways for a Sulzer TRTA62 main engine

with a 11106 kW power at a nominal rotation speed equal to 88 rpm, as stated in the

No. [59] reference.
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Figure 4.24: Double ramification system fitted with a reduction gear and the
Sulzer 8ZA40S main engines as well as the first six own vibration modes diagram
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4.3.2 Forced bending vibrations for marine engine shaft lines

In this phase, as in the previous paragraph, we will only study the individual
type of vibration, followed up by the analysis of all coupled vibrations, out of which,
by particularizing we can pick out the dynamic behavior of the shaft line at these
certain individual loads.

Real bending vibrations, as it has been shown in the 4.4 paragraph, are being
generated in two plans, Oyz and Oxz, that is why, in the specific literature they are
also being called lateral vibrations of shaft lines. This type of vibrations can be
neglected in the case of shaft lines driven by marine main engines due to the enlarged
stiffness of engine bearings. The phenomenon is mostly studied in the case of long
shaft lines taking into account the swirling phenomenon, as explained in the reference
No. [100] and [103] for the propeller, as stated in the 3.2.1 paragraph. In these cases
the bending vibrations can stimulate structural load vibrations on the hull and the main
engine.

Between the calculus stages of torsional forced vibrations and the bending
ones a set of difference occur, such as:

- The system’s response to bending excitation vibrations which are the
solution for an equation system with a four degree, due to the fact that two
degrees of freedom occur, instead of one degree of freedom;

- Dynamic model for the crankshaft which corresponds to a continuous
environment and not to a discreet one;

- The shaft line can be considered embedded, such as the propeller shaft in
the aft post tube;

- The limiting conditions at the consumer end of the shaft line can
correspond to the free articulation, to the support and to the embedment.

The main difficulty in the calculus of forced bending vibrations is not the
establishment of a calculation model, but the calculus for a set of parameters, such as
bearings stiffness. The calculus methodology specified in the No. [59] reference leads

to the calculations of bending forced amplitude vibrations, keeping in mind the after
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mentioned sources presented in the 4.2.2 paragraph, as well as the lateral forces
variations developed into the propeller (as observed in the 4.15 figure), acting
according with the fundamental frequency given by the propeller blade number (as
mentioned in the 4.98 formula). When resonance occurs, the only possible measure
that can be taken is the one consisting in the processing of supporting bearings
stiffness by means of constructive solutions. These considerations are illustrated in the
4.26 figure presenting the bending forced vibrations amplitudes for the shaft line, in
case of a ferry-boat which is being propelled by 3 Sulzer 14ZAS40S main engines,
with 7723 kW (10500 HP )power each. Calculation processes have lead at a critical
bending frequency with a value of 6.8 s™* for the central crankshaft, having a 43 meters
length, this being a value that can be allowed for this type of ship because the
propeller blade frequency is in the 0 — 11.6 s range at a rotational speed equal to 174
rpm. In order to avoid any resonance risks in the entire rotational speed working range
values two additional bearings have been installed. This lead to an increased own
frequency equal to 13.6 s and this is how the propeller rotational speed has increased
to 205 rpm, this being the nominal speed for this type of boat, as shown in the 4.27

figure.

Lateral relativ displacement

1.0+ -~ 10
0.57 - 0.5
Bearing 2 Bearing3 Bearing 4 Bearing 5
0 - /(_r\h,‘—r"{—r—-" 0
; 05 06 Q 08 09 10

-05 BRE
-1.0 | L 10
Propeller Reductor flange

Figure 4.26: Bending vibration amplitude variation for an intermediary shaft
line for a marine propulsion system fitted with three Sulzer 14ZA40S engines
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Figure 4.27: Bending vibration amplitude variation for an modified intermediary
shaft line for a marine propulsion system fitted with three Sulzer 14ZA40S

engines

4.3.3 Forced axial vibrations of marine main engines shaft lines

Forced axial vibrations study can be limited, unlike the torsional one, just at
the stage of the study of the subsystem formed from the engine crankshaft, the
intermediary one and the propeller shaft. This is due by the fact that the excitations of
this type of vibrations are not transferred by PTO ramifications in the complex
systems. The vibrations calculus is based on the generic equation expressed in (3.1),
having the same nature as the calculus of torsional vibrations due to the analogy
between the two types of vibrations. The occurring specific issues that can occur are
tied upon the exact calculus of axial stiffness and this has an analytical solution (as
seen in the 4.1.3 paragraph), as well as a numerical solution (as expressed in the 4.1.3
paragraph) and an experimental one. This is also a valid calculus compensation
coefficients, this thing being usually done in an experimental manner. Regarding the
force vectors of axial stimulating vibrations this is given by the thrust force of the
propeller (4.97), as well as the axial gas pressure components and the mass inertia
having an alternative motion, these last categories being excitation forces that can be
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highlighted in the case of a study of the coupling phenomenon for all vibration types
generated on shaft lines driven by marine main engines. Thus, in the same manner as
in the case forced bending vibrations, we can extract the individual type of vibration
representing a major study subject for marine propulsion systems, most of them

complex or coupled and this study is being presented in the next paragraph.

4.4 Marine engine shaft lines coupled vibrations

Due to complicated geometrical shapes of the crankshaft it’s deformations can
have a complex characteristic this leading to the coupling of certain vibration types

that can be performed by the main engine.

4.4.1 Mathematical model of shaft lines driven by marine main engines

Considering the crank in the No. [91] reference a part of the crankshaft upon
which a torsion momentum M acts (as shown in the 4.28a figure), it can be observed
that this element has the tendency to generate torsional vibrations, as well as bending
vibrations in Oxz parallel plans, these two types of vibrations forming a set of coupled

vibrations.

Acting on the crankpin with a variable Fy force placed in the crank plan (as
shown in the 4.28b figure) it can be noticed that it has the tendency to generate

bending vibrations in the Oyz plan, as well as axial vibrations along the Oz axis.

Thus, the crankshaft geometrical configuration generates the occurrence of
complex vibrations on it representing coupled modes for simpler vibrations. Thus,
torsional vibrations stimulate bending vibrations as well axial vibrations.
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Figure 4.29: Effect of coupling torsional and axial vibrations

In the particular case of marine main engines coupled in a direct manner with
the propeller the comparisons made between the calculations and the measured for
vibrations type previously specified lead to the following observations, according to
the No. [58] reference:

- Axial displacements are influenced by the torsional vibrations: it can be
noticed that the axial displacement increases for engine rotations in the
area of critical torsional rotations;
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- Torsional vibrations amplitude is not influenced by the axial vibrations;

- The effect of vibrations coupling is even more highlighted if the torsional
critical rotations and the axial ones are close enough in dimension, and this

phenomenon is being presented in the 4.29 figure.

The overall vibration coupling phenomenon onboard ships has been presented
in the 3.1 figure.

From the information stated in the previous chapters it can be concluded with
the fact that one of the most important issues which has to be solved is that of finding
the propulsion system for which the vibration effect can generate excessive vibration
levels that can’t be used in calculation procedures, these being the so-called standard
methods presented in the 4.2 and 4.3 paragraphs. The implicit solution implies the
modification of the calculus model for the entire shaft line taking into account the

entire range of relevant freedom degrees.

Figure 4.28: Torsional, bending and axial vibration coupling phenomenon
graphic model

The creation of a more complex model is being imposed by the fact that the
crankshaft is being supported on more than two supports, this being a static undefined
system. In the same time the supports modeling process has to take into account the
existence of certain slacks in the bearings, these depending on the execution
tolerances, as well as the usage level generated during operation.

208



In the below figure a shaft line of the engine under observation (Sulzer
6RND90 main engine) is being presented, the crankshaft being presented in a graphic

manner by straight bar elements.

A much simpler calculus model proposes taking into consideration of a single
section of the crankshaft which has a crankpin limited by two arms and the adjacent
bearings, which are simply supported. In this case the influence of geometrical
parameters on the values of internal efforts is being reduced. This model turns out to
be much simpler and acceptable in order to do the calculus for pre-dimensiong, but it
doesn’t allow the study of influence on different factors influencing the crankshaft
resistance. A calculus model that has to analyze the entire crankshaft by using finite
elements, as it has been shown in the 3.3 figure is not rational due to the great number
of finite elements in the meshing process, especially if tension cluster would be taken
into account. This kind of spatial model does a better approximation on the real
situation, but also contains lesser elements on each section, thus, offers less

information regarding deformation and tension dimensions.

Keeping all these in mind the spatial structural model chosen contains straight
structural bars, as shown in the 4.29 figure, the shaft line being considered as a bar
system with even distributed masses, this being similar with the arms lengths, as well
as masses and inertia momentum focused in certain tension clusters. Through this
model, which simplifies the entire issue in a reasonable manner, we can obtain
information regarding the dynamic behavior of the shaft line.
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Figure 4.30: Shaft line model for a Sulzer 6RND90 main engine

By supporting the entire structure can be studied by taking into account two
ways: embedded crankpins, these allowing the rotation motion only around the Oz
axis; supported bearings , these allowing the rotation motion only around Ox, Oy and
Oz axis stopped only by the translation motions around Ox and Oy. The real situation
is somewhere in between the two cases, a new engine being closer to the first situation
in real operation, but after the first slaks occurs in the crankpins, the real situation
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tends to be closer to the second case. Thus, the structure is being considered meshed
for a real case implying the real case of the shaft line for the Sulzer 6RND90 main
engine, for this using a number of 40 finite elements and 41 nods. In 1, 39, 40 and 41
nods, as well as in 5, 11, 17, 23, 29 and 35 masses and moments are being
concentrated. For the first mentioned nods series the concentrated inertia masses and
moments correspond to the ones of the axial bearing flange, of the flywheel and of the
propeller, while the masses and moments focused in the nods of the second category
are generated by engine drives reduction corresponding to the cranks. The loading
situation of the structure has been done by applying two forces in the middle of the
crankpins, thus the nods 5, 11, 17, 23, 29 and 35 are on a tangential and radial
direction, being given by the (4.50) and (4.59) formulas. Their components are
resulting by decomposing the elements on the axis of the global system from the 4.30
figure, given by the following formulas:

T, =T, -cos[k6)+(i—nj)6];Tka =T, -sin[ke+(i—nj)6]
{Z =27 -sin[k0+(i—nj)6];zk” =7 .cos[k6+(i—n )] (4.120)

Kj

the dimensions occurring in the above formula have the same meaning as the
ones mentioned in the 4.2 paragraph.

The load applied on the last node of the proposed structure is being given by
the harmonic formula for the momentum and for the propeller thrust that have been
calculated in the 4.3.3 chapter with the (4.91) and (4.97) formulas.

4.4.2 Free coupled vibrations for marine main engine shaft lines

The shaft line coupled vibrations calculus in the case of a marine main engine
can be meshed as a spatial structure made out of simple bars and this can be done
towards the general reference system known as the global reference system and noted
with Oxyz, this being a straight system with its origin in the 1% order node.

For reasons regarding the improvement of processing data and for the
flexibility of the calculus software we can consider a local reference system which is
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being attached to every single bar. The local reference system has to fulfill the

following elementary conditions in order to allow a better numerical processing stage:
- ltsorigin is the I node with | < J;

- The Ox axis for the entire system is the same with the longitudinal axis of

the mentioned bar;

- Oxy plan is defined by the Ox axis and a random K number placed in the

middle of the first quadrant;

- The Oz axis is being chosen as straight on the Oxy plan, thus, the reference
system is straight and has the axis orientation identical with the one of the

global system.

The stiffness matrix are calculated towards the local reference system and the
bar mass coefficients and data regarding the load acting on the bars is being

introduced in the software.

Along the entire calculus procedure the positive direction for all forces,

momentum, arrows and rotations is being given by the positive axis direction.

On single straight bar displacements in space, | — J, is being considered as
positive, just like in the 4.31a figure and this is how the vector is being composed on

the column direction:

A =[AA]=[u v, w o 0 6 u v, w o 0 0,/

X y iz ] ] J x y

(4.127)

in the above formula the line above the symbols mark the local axis system,
while the superior index T marks the matrix trans ponding operation. In a similar
manner the efforts at the elements end are all positive, just like in the 4.31b figure,

together being composed in the following column vector:

o,=leo]=[F.F.F.M.M,M.F, F,F.M, M, M,]
(4.128)
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Applying the usual formulas mentioned in the No. [68] and [75] reference for a
single point current displacements z, depending on the ending displacements, thus,
from this point forward we can calculate the corresponding efforts, by individualizing
the obtained results for z = 0 and z = 1 (finite element length), allowing us to calculate

the value of ©, and © ; vectors. Finally the matrix formula between efforts and end

bar displacements | — J can be written in a concentrated manner:

0 =F". A" (4.129)

in the above formula re is the stiffness matrix for the | — J bar, which, in

general, is being considered the finite element (e), according to the No. [17] reference.

By applying the virtual mechanical work principle to the finite element (e) we

can generate the formula for equivalent nodes forces and momentum:

0@ = m©OAE 4 7AW (4.130)

where M ® is the element masses matrix:

for which all internal elements mpq, p and g have the i and j successive

values. Here on we can generate the following general formula, that takes into account
all types of individual vibrations types (torsional, bending and axial):
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Figure 4.31: Angular and linear displacements diagram for a finite element and

the load process with different loads

. 0 0 0 0 0
0 a, 0 0 0 a,
pAL| O 0 a,_ 0 a_ 0
M=ol 0 o o .00 (4.132)
0 0 a, 0 a,_ O
0 0 0 0

in the above matrix p symbolizes the density, A the bar transversal area, | the
length and I, the polar inertia momentum for it. The coefficients value are given in the
4.13 table.

Table 4.13: Mass matrix coefficients values for the finite element

Index A11pqg a22pq a26pq ds3pq | a3spq | A44pg as3pgq | as5pq | As2pg de6pg
(p,a)

[ G,i) | 140 [ 156 | 221 [ 156 [ 221 [ I/A | -221 [ 417 [ 221 | 41 |
[ G | 70 [ 54 [ -131 [ 54 [ 131 [ I/2A | -131 [ -312 [ 131 | -3I° |
[ (D) [ 140 [ 156 [ 221 [ 156 [ 221 | IJA [ 221 [ 4P [ 221 4P ]
[ Gi) | 70 | 54 | 131 ] 54 | 131 | 12A ] 131 3P ] 131 ] 3P |
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The following stage is represented by the reference local system rotation until
its axis will have the same direction and the same orientation as the axis of the global
reference system. This thing has been done by applying an original methods specified
in the No. [19] and [65] references taking into account the conditions that have to be
satisfied by the local reference system, as they have been shown in the first part of the
paragraph. In this manner, the rotational matrix L containing directional cosines, has
been generated. As a consequence the local reference system translation will be done
in automatic manner and the two system will be identical when the mass and stiffness
matrix will be assembled for the entire structure. Thus, out of (4.130) formula will

become:

0 = mOa® 4 FOZ© (4.133)

this is also valid for the (e) element in the global system context, having:

r =(L'rL)"”

o = (U mL) (4.134)

The mass and stiffness matrix have a 12X12 dimension for each elements and
12n X 12n for the entire structure. Some of the nodes (as shown in the 4.30a figure)
are representing masses and concentrated efforts. Keeping in mind the rotation inertia
for concentrated masses in a random g node, the corresponding vector for all

displacements will be:

Ag:[u v w 0 0 62]r (4.135)

That is the nodal mass matrix will have the following form:
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(4.136)

O O o o o 3
O o o o 3 o
O o o 3 o o
“ o o o o o

O o “ o o o
o~ o o o o

In the above matrix Jx, Jy and J; are the inertia moments for the m mass, from
the g node, being reduced at the reference global system axis.
The disrupting external forces from the g node can be either way, forces or

couples, thus, these can be grouped into the following column vector:

F=IF, F, F, M, M, M, | @137

Applying the d’Alembert principle, from the dynamic equilibrium condition

for the g node the following matrix equation will be obtained:

F-mA -y 0" =0
g g9 ep g (4138)

By writing the motion equations for all meshing structural nodes the
differential equation system that describes the dynamic behavior for the entire

structure will be generated, which has the following matrix shape:

MA+RA=F (4.139)

In the above formula the A vector is seen as an unknown value for all

displacements:

M is the mass matrix expressed as:
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M, =m* g<h (4.141)

99

while F is the disrupting forces vector with an external influence, having the

formula expressed in (4.137).

In the (4.141) and (4.142) formulas the following notations have been used:

e, =e, +e, (4.143)

in the above formula ey’ are all the elements from the g node that have the
opposite end h>g and ey’ are all the elements from the g node that an opposite end h
< g. In this manner, the matrix assembling for mass and stiffness leads, at the strip
form, in a more subtle way.

The modes and own frequencies of coupled vibrations are complex and can be
calculated by developing the homogenous matrix equations specific to (4.139)
equation. By supposing that the harmonic shaped displacements can lead to a linear

solution system the calculus condition for a certain usual solution is:

D|A| =’

Al (4.144)
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for which D = M-1 R is the dynamic matrix for the entire structure, the strip
matrix having a strip width equal to 12. The (4.146) equation represents a vector and

own value issue and it can be solved by applying the matrix iteration method.

4.4.3 Forced coupled vibrations for shaft lines of marine main engines
In order to calculate the forced coupled amplitude vibrations for the suggested
structure we have to assume that the answer at the harmonic stimulation has the same
pulsation as the vibration, equal to kw. The calculus has been done by applying
harmonic orders with an k order. Thus, the harmonic component of a column vector

with a random order for the nodal displacements has the following formula:

A =[R-(k-ofM]'F  (4.145)

this formula is being generated by applying the Gauss elimination method.
Specific linear system dimension for the presented structure has an 246 order. Thus,
finally we can calculate the average deformed fiber for the shaft line, by adding up all

the relevant harmonic components:

A=A, (4.146)

In the final part of this theoretical part we also have to mention the fact the
presented calculus method based on MEF is valid only for the stationary regime. In
the same time, at the nominal calculus regime the compensation coefficients matrix

could be ignored as mentioned in No. [58] and [91] references.

4.4.4 Numerical calculus results based on the mathematical model with finite
elements
For the calculus of coupled vibrations of the shaft line a calculus program has

been generated and its structure is being presented in the 4.32 figure.
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MATR_TRANSF
Calculates directional cosines matrix for the
crossing from the local reference systems to the
global reference system

FORTE_D
Decomposes the thrust force and the propeller
momentum in a harmonic set

DATE_GLOB1

INC_NOD
Loads all the nodes with tangential and axial
forces decomposed on the global reference
system

INC_PROPELLER
Loads the nod that represents the propeller

COND_LIM
Applies the limit conditions for the nodal
displacements: axial displacement bounded by
the node that represents the thrust bearing and
the radial displacements bounded by the nodes
representing the middle of the crankpins

Defines the entering data:
Structure nodes number: 41;
The finite element number: 40;
Stiffness and mass assembled matrix dimension: 246;
Strip width for these matrix: 12;
Finite elements material density;
Transversal elements cross section;
Transversal and longitudinal flexibility module;
Inertia moments of finite elements towards the global reference system axis;
Global system coordinates for finite elements nodes, as well as for the points
needed in order to define the local reference systems.
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DATE_GLOB3

MRSL
Calculates the stiffness matrix for an element in
the local reference system

MMSL
Calculates the mass matrix for an element in the
local reference system

MRSG
Calculates the stiffness matrix for each element
in the global reference system using
MATR_TRANSF

MMSG
Calculates the mass matrix for each element in
the global reference system using
MATR_TRANSF

MR_STR
Calculates the stiffness matrix for the entire
structure (assembly)

MM_STR
Calculates the mass matrix for the entire
structure (assembly)

PULS

MATR_DIN
Calculates the dynamic matrix for the entire
structure

PULSATIONS
Calculates own values in an increasing manner
for the dynamic matrix by using the matrix
iteration method with an 107 error
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TZ_FORCES

T _FORCES
Decomposes all forces in a Fourier set for
tangential excitation forces

Z FORCES
Decomposes all forces in a Fourier set for radial
excitation forces

DISPL_ARM
Calculates the modal displacements for the first
12 harmonic components

DISPL_SUM
Calculates total displacements for all structural
nodes

Figure 3.2: Logical diagram for the calculus program of coupled vibrations of

shaft lines driven by marine main engines, based in the finite elements method

The results of own values (vibration own frequencies) are also given in the
4.14 table and a comparison of these values is being done, between a Sulzer 6RND90
main engine and a MAN K6SZ 52/105 main engine, fitted onboard a container ship
with a 12500 tdw capacity, these ships being specific for the Romanian commercial
fleet. The MAN engine develops a 4500 kW power at a rotation speed of 140 rpm,
having the same configuration for the crankshaft and the same combustion order as
the Sulzer main engine, but driving a four blade propeller with a 4.2 meter diameter
(the one driven by the Sulzer main engine having a 6.4 m diameter). The comparison
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from the table below is being done between the own frequencies values for individual

vibrations types and the coupled ones.

Table 4.14: A comparison between own pulsations of individual vibration types

and the coupled ones for two types of marine main engines

Engine type Pulsation Torsio Bending Axial | Coupling

degree [s] [s1] [s1] [s]

6RND90 I 46.351 10.764 18.167 | 28.274

1 187.351 49.987 42103 | 70.071

Keszs52/ | 1 | 83.287 20.054 | 31559 | 36.014
105 Cle T 201.405 | 68.426 | 77.892 | 79.238

The results of individual and coupled free vibrations presented in the previous

table lead to the following conclusions:

Own pulsation values of the K6SZ 52/105 are higher than the ones
corresponding to the Sulzer 6RND90 engine. This is explained by the fact
that the inertia masses and moments are much lower for the first type of
engine comparing it to the second one;
1% degree own torsional pulsation is pretty close to the 2" degree one, this
phenomenon being more noticeable for the 6RND90 main engine. This
suggests that there is a possibility of a coupling phenomenon occurrence
between the 1% torsional vibration mode and the 2" axial one, in the sense
of its stimulation by the first one;
Own pulsations generated by torsional vibrations, for both types of engines
have low values comparing them with the individual torsional ones, but
they are higher in comparison with the bending and axil ones, indicating
the fact that the coupling phenomena occurs between all individual
vibration types;
Own pulsations of individual bending vibrating modes have the lowest
values, the influence on the coupling phenomena being much lower in
comparison to other individual vibration types, both axial and torsional;
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Own pulsations of coupled vibrations for the K6SZ 52/205 engine are very
close in value with the own individual axial vibration modes. This leads to
the conclusion that axial vibrations have a bigger influence in the coupling
phenomena. For the same engine 2" degree own pulsation of coupled
vibrations is very close to the 1 degree of torsional individual vibrations
and this fact confirms the occurrence of a hardened coupling phenomena

between the respective vibration modes.

On the basis of free coupled vibrations calculus, in the 4.33 and 4.34 figures

the first modes of own complex vibrations have been presented, through torsional and

axial bending components in two plans, for the 6RND90 and K6SZ 52/105 main

engines. The representations of own modes have been made possible by retaining

displacement values corresponding to the middle length of the crankpins.

From the analysis of the own modes of coupled vibrations the following

conclusions can be drawn:

Variation waves of own vibration modes for the two engines are very
resembling, due to geometrical and operational characteristics very close to
these ones;

For the 6RND90 main engine own individual vibration modes are alike the
coupled vibrations, especially for torsional and bending vibrations (as
shown in 4.1, 4.7 and 4.33 figures): for the torsional type the node
corresponding to the 1% degree is generated on the propeller shaft, this
being valid for the individual case, as well as for the coupled one, while for
the 2" degree mode, on the crankshaft engine. For the bending vibrations
own vibration modes are identical in both cases;

Variation waves of own bending vibration modes are similar with the
individual ones and the coupled ones, but the coupled vibration relative
amplitude is lower and that marks a lower contribution of this type of
vibration in the coupling phenomenon;

The influence of the axial vibration phenomenon in the coupling of shaft

line vibrations for both engines is much more highlighted for the 2"
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vibration mode, in the 1% mode sign changes doesn’t occur, the amplitude

variation being relatively lower;

- The torsional coupled mode for the 1%t degree vibration is very similar with
the axial coupled one with a 2" degree, which is, in fact, a single mode for
bot type of engines and this confirms the previous suggestion regarding the

coupling process between two vibration modes.

In the 4.35 figure the average deformed fiber for a Sulzer 6RND90 main
engine crankshaft is being presented and this is generated for the nominal functioning
regime for which a frequency analysis has been done, which will be presented further

on in the 4.36 figure.

It has been highlighted that harmonics generate visible resonances. It can be
concluded that the critical resonance occurs in the same time with the k = 6 order
harmonic, while the influence of the k = 4 order harmonic (the first order harmonic at
the propeller frequency) of axial induced excitations in the shaft line by the propeller
is being lower enough, contrary with the expectations. Thus, the predominant
influence on the axial vibrations is generated by the torsional vibrations, according

with the coupling phenomenon described above.

From the facts stated above, synchronized with the global presentation made in
the 4.3.3 paragraph, it can be concluded that there is an importance for a certain
special type of vibration generated by the nature and the dimensions of the amplitude
and the specific excitations for marine propulsion engines and this is the axial one,
being generated after the coupling phenomenon of shaft line vibrations. This issue has
started lately to be tackled by engine designers and naval constructors, thus, special
studies had not yet been done and this highlights even more the after mentioned
phenomenon.
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Figure 4.33: Own coupled vibration modes for the Sulzer 6RND90 main engine
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Figure 3.35: Deformed average fiber for a Sulzer 6RND90 marine main engine
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Figure 4.36: Axial vibration amplitude analysis in frequency for a free end in the

case of a marine Sulzer 6RND90 main engine

In the reference No. [59] the individual own modes for axial vibrations are
presented, with and without vibration compensators for a Sulzer 7RTA62 main
engine, shown in the 4.37 and 4.38 figures, as well as the forced axial vibration
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amplitudes at the engine free end. This engines develops a 9340 kW effective power at

a 78 rpm nominal speed.

It can be noticed on this example that the axial vibration 1% mode has a form
very close towards the one calculated for the 6RND90 and K6SZ main engines, as
shown in the 4.33 and 4.34 figures and in all cases there is no sign change and that on
its entire length, in the range of the axial bearing and the propeller, the relative
amplitude is constant, this result being in resonance with the main purpose of this
bearing. In exchange the second vibration mode records a single node and its position
is placed, as a general rule, on the crankshaft. Own pulsation values for the Sulzer
7RTAG62 are: woi = 9.45 s and won = 24.6 s™* for the situation of functioning with no
axial vibrations compensator, and woi = 15.78 s and won = 26.22 s when the

vibration compensator is fitted.

In the same time, it can be noticed the main engine 6RND90 axial individual
vibration of own pulsation are placed in the same range of corresponding values for
the two mentioned situations, with and without a vibration compensator, values
mentioned in the case of the Sulzer 7RTA62 main engine. In the same time we can
observe a reduction of axial vibration amplitude proportion of at least 1/10, as well a
reduction from 150 KN to 80 kN for the force from the thrust bearing. In the same
time, for the same specified engine, the comparison between measured values and
calculus of individual axial vibrations is less favorable than the one specific for the
individual torsional vibrations that have been checked in the previous paragraphs for
the initial 6RND90 main engine. When the calculated own axial pulsations are very
close in value to those measured (recording a 1 — 3 % difference) the axial amplitude
vibrations can be different in the operational rotation range and this phenomenon is
being explained by the occurrence of the coupling phenomenon of axial and torsional
vibrations.
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7RTA62 main engine: a — without a compensator, b — with a compensator
The issue of shaft line individual vibrations coupling phenomenon started, in

this manner to be treated with a maximum degree of attention by the marine engine
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designers, as it has been cited in the reference No. [58], in which the subject is being
developed by using the finite element method. By using the NASTRAN software the
comparative result have been obtained between the amplitude of torsional and axial
vibrations with the values measured for a 6RTA58 main engine, with or without an
axial vibration compensator, as presented in the 4.39 and 4.40 figures. In this figure
the following notations have been used:

- TT — torsional vibrations amplitude generated by the pure tangential

excitation;

- AT —axial vibration amplitude, generated by pure radial excitation;

- TT + AT - total torsional vibration amplitude generated by both excitation

types;

- TA —axial vibration amplitude generated by the pure tangential excitation;

- AA —axial vibration amplitude generated by the pure radial excitation;

- AA + TA - total axial vibrations amplitude generated by both excitation

types, followed by the comparison with the measured values.

The analysis of these diagrams lead to the following conclusions:

- There are no significant differences between TT and AA calculated using

NASTRAN software and the ones calculated using standard calculations;

- As it was expected, radial stimulation influence on torsional vibrations
(AT) is not significant, in exchange it can be noticed that it plays an
important influence of pure torsional excitation by harmonic order k = 6 on
the axial vibrations, this phenomenon can be registered during operation at
a rotation equal to 100 rpm.

We can notice the fact that critical rotation with a k = 6 order is very close to
the value of nominal rotational speed (this being 122 rpm for the 6RND90 main
engine), thus the engine can’t operate at a nominal rotational speed unless an axial
vibration compensator is fitted at the free end of the crankshaft. If the calculus is being
redone in this new scenario it can be noticed that own torsional calculus (these being
the critical torsional rotation). In exchange the own pulsation for the second axial

mode changes in a significant manner, while the first axial mode remains constant and
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this one is not being influenced by the axial compensator. This will, in effect
influence, the own pulsation axial mode from 12 s at 21 s, the mentioned resonance

in the case the of no compensator fitted will be avoided by applying this principle.

Even it has a certain influence on the torsional critical rotation with an 1/6
order the amplitude of axial vibrations at the crankshaft bow extremity at the nominal
rotational speed is much lower: 0.8 mm and not 7 mm for the k = 6 order harmonic,
while the amplitudes of the other harmonic orders will also be much lower. In this
way, figure 4.39b presents the comparison between torsional vibration amplitude
calculus with a 1/6 order and the axial ones with a 11/6 order, by applying the principle
of the NASTRAN software, these being compared with the measured values. We can
also highlight the fact that a coupling effect between the vibrations modes and types
previously mentioned for 6RND90 and K6SZ main engines has been carried out,
according with the 4.33 and 4.34 figure, by using the presented software. This
program presents the advantage of a meshing for a crankshaft bent in a realistic
manner, superior to the one presented in the No. [58] reference, as well as the
disadvantage of not taking into consideration the compensations, but this does not
mean that this has an influence on the calculus accuracy around the nominal operation

regime.

In the No. [99] reference a model based on the MEF method is also being
used, being very similar with the proposed one, the calculus being done by using the
ANSYSS software but also including the compensations. This study has been done for
an engine cu i = 8 cylinders, with a V configuration, four stroke functioning, with a
crankshaft identical with a crankshaft for a i = 4 cylinder engine with an inline
configuration and a four stroke functioning and having phase cranks. In the 4.41
figure is being presented, as a comparison, the first four coupled vibration modes, for
a spatial structure formed by bars obtained in a similar manner with the one form the
present paragraph and one that has the same shape as the bent (as presented for Sulzer
RTA main engines in the 3.3 figure).
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The observed differences on these two last models are insignificant. That is
why the complex MEF based model can be checked for the calculus of coupled

vibrations which is not plausible in this case.
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4.5 Experimental results for main engine shaft line vibrations
measurements

Experimental validation of the proposed mathematical model proposed for the
calculus of shaft line coupled vibrations of marine main engine has been done by
applying a simple comparison method between the axial vibration amplitudes resulted
after applying the presented methodology in the previous paragraph and the ones
measured onboard during sea trials.

In order to do so an electronic set of equipment has been used, fitted with a
probe that has a vibration transducer, preferably a piezoelectric accelerometer. This
transducer does not need a reference point during the measurement process (as shown
in the 4.42 figure). during measurements a recorder with magnetic band has also been
used and its band has been interpreted in lab conditions. By using this type of device,
a portable 7007 F recorder, manufactured by Brule and Kjaer in Denmark a
measurement chain element has been eliminated, this being the load pre-amplifier,
which is already incorporated in the recording machine mentioned above.

When the spectral analysis is being done in the lab a dualchannel real time
analyzer has been used, manufactured by Bruel and Kjaer, model 2034. After
processing and handling the magnetic band the real time analyzer has trans ponded the
recorded data from the time-amplitude domain into the amplitude-frequency domain,
by using the FFT techniques (Fast Fourier Transform) displaying needed data straight
to the operator.

The processed data have been generated by using a numerical plotter
manufactured by Bruel and Kjaer, 2319 model. The measuring chain has been
presented in the 4.43 figure observing the fact the inferior branch has been applied
onboard the ship and the superior one has been applied in lab conditions as mentioned
in the No. [118] reference. This way measurements have been made at an axial
vibratory level for the K6SZ 52/105 main engine.

Shaft line axial vibrations measurements have been carried out after the owner

has claimed that he has registered an amplifying of the vibration level onboard one of
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his ships. Afterwards an axial vibration compensator has been fitted at the bow
extremity of the main engine in both modes measurements being done in river

navigation conditions.

These measurements have been carried out for the following operating regimes

of the main engine:

- 100 rpm (corresponding with the starting value of critical rotational speed

zone);

- 115 rpm (corresponding with the ending value of the critical rotational

speed zone);

- 140 rpm (corresponding with the cruising speed).
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Figure 4.41: Comparison between the first vibration modes for a for stroke
engine, these being calculated with ANSY'S software for a simplified (left) and
complex (right) structure

Axial vibration measurements have been recorded on a magnetic band and
processed afterwards in the Sounds and Vibrations Laboratory of ICEPRONAYV Galati
Institute the results being presented and compared afterwards with the reference
values specified in the No. [103] and [118] references and in the 4.44 figure and in
4.15 table.
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Thus, by applying the MEF based calculus the first own pulsation regimes
have been discovered by obtaining the amplitude values shown in the 4.16 table.
Additional, it has to be mentioned that the measured values of the axial vibration
amplitude are specific for the crankshaft corresponding with the situation in which a

compensator is not fitted.

Crank

/Crankshaft .
elongation

@ W R W T . W W

Figure 4.42: Accelerometer fitting diagram at the free end of the engine
needed measure the axial vibration amplitude
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Figure 4.43: Measuring chain diagram for the system used to measure
axial vibrations on the MAN K6SZ 52/105 main engine

It can be seen that around the 115 rpm rotational speed value a critical domain
is being recorded for the real functioning conditions of the K6SZ 52/105 main engine
and this confirms the above stated as well as through 2" order own pulsation values
previously mentioned. Truly, the rotational speed corresponding to this mode is: no =
9.55 rpm, wo = 756,723 rpm, and the rotational resonance with the harmonic order
component with a k = 6 order is ng = 6 X 115 = 690 rpm, thus the ratio between the
two rotational speed, as shown in the No. [89] reference is = ns / no = 0,91 and this
value justifies the previous stated affirmation. Coupled vibrations calculus is being
done only for the rotational speed corresponding to the nominal operating domain, for
which the compensating effect can be neglected. It can be noticed that at a 140 rpm
rotational speed the value difference between measurements and calculus is being

placed around 9%, the compensating effect being lower and lower.

Extrapolating the results for the K6SZ 52/2015 main engine in the proximity
of the nominal domain at the initial 6RND90 main engine for which the complex
vibration calculus has been done, at the same functioning regime, the experimental
validation of the proposed calculus model can be confirmed.
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Table 4.15: A comparison between axial vibrations amplitudes measured for the

K6SZ 52/105 main engine in both cases, with and without axial vibrations

compensator
Main engine Measured parameters
regime
[rpm]
Frequency Amplitude [mm]
[Hz]

Without With Allowed

compensator | compensator | values

100 10.25 0.865 0.065 0.318

115 11.75 2.740 0.228 0.318

140 14.00 0.726 0.082 0.318

Table 4.16: A comparison between axial vibrations amplitudes measured for the

K6SZ 52/105 main engine and the ones calculated using MEF without an axial

vibration compensator

Main engine Measured parameters
regime
[rpm]
Frequency Amplitude [mm]
[Hz]
Measured Calculated Allowed

values

100 10.25 0.865 - 0.318

115 11.75 2.740 - 0.318

140 14.00 0.726 0.793 0.318
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5. STRUCTURAL RESISTANCE VIBRATIONS OF MARINE
MAIN ENGINES

A particular phenomenon for marine main engines, also highlighted in Chapter
3 is the occurrence of bending vibrations on the structural resistance elements of these

engines.

The complexity of studying the above mentioned vibration types is a
consequence of the constructive complicated structural shape of engine structures and
the variable characteristic of all loads applied on it.

5.1 Bending vibrations excitation sources for structural elements of main

engines

The origin of these type of vibrations has been presented in the 3.2.2
subchapter, these being the so-called lateral forces and momentum, and in that chapter

the main own vibrating modes have been presented as well.

Further one it must be mentioned that the main source of excitation are the
rolling momentum acting in the motion plan of each engine drive, which are being
generated by the inertial effects of gas pressure. The dimensional value for the
momentum is identical with the engine momentum (as mentioned in the 2.1
paragraph). On the general overview the harmonic component formula with a k order

can be written for this momentum as:

M. =|M/[sin(keat+B,) (5.1)

In the above formula the module and the initial phase are being deducted has
having the same formulas presented in reference No. [7]:
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MI=MI—5
sm; (5.2)
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with the |Mg| - the harmonic component module with a k order for the engine
momentum, i - the cylinder number, ¢ - the angular off-set between two successive
combustions and ¢; - the initial phase for the engine momentum as presented in (2.2)
and (2.39) formulas.

The after mentioned component can be considered as being the effect of a

lateral force with a variable harmonic expressed as:

F :%JM: sin(kot+p,) (5.3)
resy H H ‘ .

this force would act straight on the cylinder axis, more precisely: at the
extremity of the resistance structure, at a H distance towards the horizontal plan that
includes the crankshaft axis (as presented in the 3.4 figure).

As it has been shown in the mentioned paragraph the qualitative
approximation for the harmonic capacity taken into consideration in order to stimulate
the structural elements is being given by the excitation degree defined in an analogical

manner by the (4.103) formula, from which:

E,= (2%5"‘ akj)2+(zc|)kjcosakj)z, (5.4)

where 6 has the same specification as the one in the cited formula, while X
represents the own bending vibration modes for the engine structural resistance

elements:
X = 1 .. 1] (5.5)
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for the H mode and:

X = -0 - 1] (5.6)

for the X mode.
It has to be mentioned that the X mode the vector is null on the corresponding
line of the cylinder [i/2] + 1.

5.2 Bending free and forced vibrations for structural resistance elements
of marine main engines

In order to calculate the own pulsation regimes for structural elements the
Myklestad method is being used, as mentioned in the No. [22] reference which is used
for structure sketching by meshing the elements in a certain number of concentrated
mass elements bounded between them by flexible areas, while the obtained oscillating
system is directly dependent on the vibration type of the entire structure. The main
issue is represented by mentioning the boundary conditions for the lower element
stiffness (at the base of the structure). Experimental measurements allowed the
evaluation of own frequencies for the structural elements and very close values have
been noticed, such as the ones for an embedded plate, having a ratio between the
height of the engine H and it’s length L. Thus, for the Sulzer 6RND90 main engine the
following data will be used:

- Height: H=8,5m;

- Length: L=11,3m;

- H/Lratio: 0,75 m;

- The own frequency H module;

- Inshipyard: wn = 44.6 s%.

- Inseatrials: oy = 40.2 st

- The own frequency X module;

- Inshipyard: wn = 85.4 s%.
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- Inseatrials: wn =83.5s%

Comparing with this method the modern calculus techniques based on MEF as
mentioned in the references No. [3], [7], [10], [17] and [20] ensure a more precise
evaluation of own pulsations for the entire structural assembly, because it substitutes
the simplified calculus model represented by the concentrated mass system with one
which is much closer to the real one. Mainly, this method ensures the expression of
Lagrange equations for a conservative force system in a matrix formulation. A
homogenous system is being obtained needed to calculate own pulsations regime. By
imposing the condition that the system admits different solutions comparing with the
normal one, the own pulsation regime for the structural elements are being obtained.

The effective calculus implies the meshing of the entire structure in finite
elements having a square plate shape (as shown in the 5.1 figure which is valid for
small powered engines, in generally, being tied up with more complex meshing
situations for slower propulsion engines presented in the 3.6 figure).

According with the above mentioned figure an (e) element with the a, b and h
thickness is being considered and for all its nodes the following independent

parameters are being chosen:

- w —the displacement along the Oz axis;
- 0, =-0w/dy - rotation around the Ox axis;
- 0, =—0w/0x - rotation around the Oy axis.

For the w displacement a function with the following formula is being

accepted:

w=a +a,Xx+ay+ax’+axy+ay +ax’ +ax’y+axy’+a,y’ +aux3y+auxy3(5.7)

or the equivalent matrix:

w=Xa (5.8)

in which:
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{X:[l Xy X xy y- X Xy xy* ¥ Xy xy] 9
a=[a a a a a a a a a a, a a] |
The a; coefficients i = 1 — 12, are being calculated by imposing boundary

conditions regarding displacements in the element nodes. By grouping the

displacements and the rotation of all nodes of finite elements (e) in the column vector:
W(E) = [Wl WZ W3 WA elx 92)( eBx de ely 92y eSy eAy ]T (5'10)
the obtained value is:

w® =Ba (5.11)

Where B is a 12X12 matrix which has elements depending on the nodes
coordinates. By applying the reverse matrix on the left side of the above formula B, B

1 = H, this one not being solitaire, results:

a=Hw" (5.12)

The displacements are being considered as being time nodal functions, starting
with the (5.8) and (5.22) formulas, thus, the w displacement becomes:

w(x, ¥, t)= X Hw® (5.13)

By expressing the general Hooke law, which is a feature of the tensions plan

status the following results:

c, = - (sx +vey)
-V
o, =r—=e.+s,) (519
. E
)
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where v is the Poisson coefficient, written in a matrix formulation as:

< £ 1 v O &,
v T2 1 . Ov e,  (5.15)
Ty 0 0 T Py



Figure 5.1: Finite elements structural meshing for a marine engine, finite

elements having square plate shape

D symbolizes the flexibility plate matrix, written as:

Eh®
1-v*

D=

1 v 0
v 1 0 (5.16)
1-v
0 0 —

2

The C vector for the curve is defined as:

C:{aw o'W zaw} (5.17)

X oy oxdy

Applying the (5.7) equation the elements of the C are:
257



O°'wW/ox* = 2a, +6a X +2a,y + 6a Xy
o’'w/oy* = 2a, +2a,x +6a,y + 6a,Xy (5.18)
O°W/0Oxoy = a, +2a,X +2a,y +3a Xy

From the (5.17) and (5.18) formula the following is obtained:

000200G6x 2y 0 O 6xy O
C=|0 00002 0 0 2x 6y 0 6xyla=0Ca
000020 0 4x 4y 0 66X 6y’

(5.19)

The potential deformation energy can be expressed as:

U Z%I(GXSX +0,¢, +1:nyxy)dV (5.20)

\

By taking the above relation and based on the (5.14) formula, the following

results:

2(1-v?)

U= J.(ai+8§+2vsxsy+l_7\}yiyjdv (5.21)
Vv
Particular deformation and displacement formulas are:

e, = 0u/ox

g, = 0v/dy (5.22)
Y 5y = OV/OX+0u/oy
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Figure 5.2: Stabilization diagram for correlations between modal displacements

Based on the non-deformability hypothesis of plate median surface, of normal
straights and small displacements it can be proven that between the u and v

displacements, as well as the transversal displacement w there are some form of
dependencies (as seen in the above figure):

{u = —2(ow/dx)

v _oowmey) P

Now, by replacing (5.23) in (5.22) the following is obtained:

o'W
€ =—
ox’
o'w
& =~ o (5.24)
y, =22 o'W
oxoy

thus, the potential deformation energy becomes:

ER® 3% 22w ©  @w *w 9w ow 595
VT !E[ o Ty Ve oy 2 ) axdy dxdy (5:29)
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Using the (5.11), (5.16), (5.17), (5.18) and (5.20) the value for the U energy
can be expressed in a matrix manner:

u:%ﬂCTD C dxdy:%ijaTGTD G a dxdy=%@i(w‘”)THTGTD G H w@dxdxy =

=;(w‘”){HTU'JEGTD G H dxdyﬂw‘”.

(5.26)

Using the following notation:

_ HTU}GTD G dxdy)H (5.27)

for the stiffness matrix of the (e) element, the (5.27) expression for the

potential energy is being transformed into:

|

ue® = E (W(e) )T REW® (5.28)

The corresponding kinetic energy for the vibrating movement which the plate
generated is:

1. (ow)
E = > | p(aj dv (5.29)

\

where p is the material density. In all integral equations form this paragraph, V

represents the volume. By introducing (5.13) formula in the above formula will result:
1an oW T oW 10 . - .
=5th(aj (—) dxdy == M (W?) H™X'X H w@2dxdy=
1 ab
(W) ! h X™X dxdy|H | w®
=gy (Jfon xrx o

(5.30)

Using the following notation:
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M“’zHTC”ph XX dxdyjH (5.31)

The mass matrix for the (e) element, the kinetic energy will be:

E = % (we) M M@y (&) = % wT Rw (5.32)

By adding up all energy values for al structural elements the following results:
[U = %Z(e)(we)(T)R(E)W(E) = %wTRw

1 M@y, (e) — 1T
E 22(9)(14/) MYw -w Mw (5.33)
Based on the formulas expressed above, the Lagrange equations will be:
0 (6_E j _oE U

g T %20 6
ot\ow) ow  ow (349

the following matrix form will be adopted:
Mw + Rw =0 (5.35)

With the vibrating motion of the entire structure written as:

w=Wsin(wt+¢) (5.36)

The (5.35) can also be written as:

(R-0’'M) W =0 (5.37)

generating an equation in the @ unknown that has a solution that leads to the

own pulsation regime for the entire structure.

In order to calculate the structural displacements influenced by forced

vibrations the matrix equation will be:

Mw + Rw =0 (5.38)
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in which F is the nodal force vector for the entire structure. By rewriting the

(5.38) formula in amplitude values the following formula will be obtained:

W=(R-o'M) |F| (539

for which the force module is initially considered in harmonic components,
being given by the lateral forces (5.3), from which the vector expressed in the (5.39)
formula is being obtained by adding up the interest harmonics, in the same manner as
it has been done in the (4.146) formula. The presented methodology can be applied to
a simpler structure, such as the Sulzer 6RTA58 main engine and this lead to vibrating
modes in H and X, as stated in the No. [16] reference and the 5.3 figure in which the

own pulsation values have also been highlighted.

5.3 Experimental results of bending vibration measurements for main

elements structural elements

Bending vibrations of resistance structures of the Sulzer 5RD68 main engine
and Sulzer 3AL25/30 auxiliary engines fitted on the cadet ships Neptun belonging to
the Maritime University of Constanta, having a 5500 deadweight, have been
calculated during sea trials. This is the first engine developing a 5500 HP power at a
135 rpm nominal rotation, while the power for the auxiliary engines is 550 HP at a

750 rpm nominal rotation speed.
The measurement chain is fitted with the following elements:
- Piezoelectric accelerometer, 4388 type, manufactured by Bruel and Kjaer;
- Preamplifier, 2623 type, manufactured by Bruel and Kjaer;
- 2625 Amplifier, manufactured by Bruel and Kjaer;
- Frequency analyzer, type 2120, manufactured by Bruel and Kjaer.

- 214 oscilloscope, manufactured by Tetronix.
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The measurement points have been set in the superior points, the ones
corresponding to the turbocharger, with their functioning being influenced by this type
of vibrations, as shown in the 3.2.2 paragraph.

The 5.4 figure shows the measurement points for the auxiliary engines, while
the 5.5 figure the ones for the main engine nominal operation range, while the result

are shown in tables 5.1 to 5.5, being calculated after an algorithm mentioned in the
No. [6] and [18] references.

It can be seen that the placing of displacements in the boundary limits imposed
by the classification societies has been done correct.

===

X Mode

oy = 15,02(s")

Figure 5.3: Vibration modes H and X for the structural resistance for a Sulzer
6RTA58 main engine

Figure 5.4: Measurement points placing for resistance structure vibrations in the
case of a Sulzer 3AL25/30 main engine
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Table 5.1: Resistance structure measurement results for a Sulzer 3AL

No. 1 n =750 rpm Load = 295 kW
Auxiliary
engine
Measuring Displacement [mm)] Frequency [mm]
points
\ L H

1 0.125 | 1.060 0.014 6.25
1 0.087 | 0.020 0.005 12.50
1 0.017 | 0.016 0.004 18.75
1 0.008 | 0.004 0.002 25.00
1 0.003 | 0.003 0.001 31.25
1 0.002 - 0.002 37.50
2 0.019 | 0.069 0.004 6.25
2 0.003 | 0.014 - 12.50
2 0.009 | 0.005 0.002 18.75
2 0.002 | 0.004 0.001 25.00
2 - 0.003 - 31.25
2 - 0.001 - 37.50
3 0.035 | 0.001 0.005 6.25
3 0.035 | 0.001 0.003 12.50
3 0.014 | 0.001 0.001 18.75
3 0.002 - 0.001 25.00
3 0.002 - = 31.25
3 0.002 - 0.001 37.50

25/30 auxiliary engine No. 1

No. 2 Auxiliary n =750 rpm Load = 295 kW
engine
Measuring points Displacement [mm)] Frequency [mm]
\ L H
1 0.137 | 0.074 0.010 6.25
1 0.033 | 0.020 0.001 12.50
1 0.029 | 0.011 0.002 18.75
1 0.005 | 0.005 - 25.00
1 0.002 | 0.006 - 31.25
1 0.006 | 0.003 - 37.50
2 0.015 | 0.044 0.004 6.25
2 0.004 | 0.015 0.013 12.50
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2 0.007 | 0.001 0.002 18.75
2 0.002 | 0.003 - 25.00
2 - 0.002 - 31.25
2 - - 0.001 37.50
3 0.023 | 0.013 0.004 6.25
3 0.029 | 0.008 0.002 12.50
3 0.016 | 0.002 0.003 18.75
3 0.002 | 0.001 0.001 25.00
3 0.002 - 0.001 31.25
3 0.002 - 0.002 37.50

cture measurement results for a Sulzer 3AL 25/30 auxiliary engine No. 2

able
5.2
Resi
stan
ce

stru

Table 5.3: Resistance structure measurement results for a Sulzer 3AL

25/30 auxiliary engine No. 3

No. 3 n =750 rpm Load = 295 kW
Auxiliary
engine
Measuring Displacement [mm] Frequency

points [mm]
I [V [ L H I
|1 | 0.126 | 0.074 [ 0.010 6.25 |
| 1 10.033 | 0.020 0.001 12.50 |
| 1 10.024] 0.011 | 0.001 18.75 |
| 1 1 0.009 | 0.003 - 25.00 |
| 1 1 0.003 | 0.002 - 31.25 |
| 1 1 0.001 | 0.002 - 37.50 |
| 2 0.001 | 0.053 0.003 6.25 |
| 2 1 0.001 | 0.016 0.001 12.50 |
| 2 1 0.001 | 0.010 0.001 18.75 |
| 2 | - | 0.001 - 25.00 |
| 2 | - ] 0.003 - 31.25 |
| 2 | - | 0.002 - 37.50 |
| 3 0.001 | 0.001 0.004 6.25 |
| 3 0.001 | 0.001 0.001 12.50 |
| 3 0.001 | 0.001 - 18.75 |
[ 3 T - T - - 25.00 |
| 3 L - 1 - - 31.25 |
| 3 | - | - 0.002 37.50 |




No. 4 Auxiliary n =750 rpm Load = 295 kW
engine
Measuring Displacement [mm] Frequency [mm]
points
\% L H
1 0.106 | 1.060 0.011 6.25
1 0.080 | 0.016 0.004 12.50
1 0.017 | 0.014 0.004 18.75
1 0.010 | 0.004 0.001 25.00
1 0.004 | 0.003 0.001 31.25
1 0.004 | 0.002 0.002 37.50
2 0.015 | 0.063 0.003 6.25
2 0.003 | 0.015 - 12.50
2 0.010 | 0.015 - 18.75
2 - 0.005 - 25.00
2 - 0.003 - 31.25
2 - 0.003 - 37.50
3 0.038 | 0.001 0.004 6.25
3 0.033 - 0.003 12.50
3 0.013 - - 18.75
3 0.001 - - 25.00
3 0.002 - - 31.25
3 0.002 - 0.001 37.50

Table 5.4: Resistance structure measurement results for a Sulzer 3AL

25/30 auxiliary engine No. 4

Table 5.5: Resistance structure measurement results for a Sulzer 5RD68

main engine
| Frequency | Measuring point / Displacement amplitude [mm] |
| [Hz] Bow Aft turbocharger
turbocharger
| ILJ2H]3V] 1L [ 2H 3V
2.25 0.13(0.22|0.08| 0.12 | 0.24 0.07

5 _Joms[on[om] o 01 ] o5 ]
5 [oms[oolom]00a [006]  oos ]

11.25 0.040.05|0.03| 003 | 0.05 0.03
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